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xiiAbstract
This technical memorandum presents studies on velocity feedback control with an elec-
trodynamic proof-mass actuator. It is demonstrated that the stability and performance of
the control unit can be substantially improved by implementing an appropriate open-loop
compensation ﬁlter. In the simulations the control unit is described in terms of the open
and closed-loop base impedance it presents to the structure under control. This allows for
a straight-forward physical interpretation of the control system and allows a direct deriva-
tion of the expression for the proposed compensator. Studies on the sensitivity of the
compensation to uncertainties in the actuator parameters show that even for considerable
variations in the actuator response the compensation ﬁlter provides signiﬁcant improve-
ment over the uncompensated cases. The enhanced control stability which results from
a detuning of the control actuator passive mechanical and active electromechanical re-
sponse allows tuning the control unit mechanical resonance such that actuator acts as a
passive vibration absorber, a conﬁguration that would lead to poor control stability if di-
rect uncompensated velocity feedback is applied. One draw back of the compensator is
the enhancement of the feedback signal at low frequencies. This may lead to stroke/force
saturation of the actuator before the optimal control gain can be implemented. This can be
addressed by implementing an additional high-pass ﬁlter in the feedback loop, which at-
tenuates the low frequency feedback signal and suppresses measurement noise. However,
this has to be balanced with a loss in the control stability due to the additional phase-lead
that is introduce. Experimental studies were conducted to validate the simulated control
performances and it is demonstrate that the proposed compensator can be used in the
design of small scale self contained multifunctional feedback control units.
xivChapter 1
Introduction
Vibration control of ﬂexible structures is an important issue in many engineering applica-
tions and various active control strategies have been studied extensively [1, 2]. A simple
and robust strategy is that of decentralised velocity feedback, which can reduce the re-
sponse of a structure by means of active damping. In an ideal velocity feedback loop
the sensor and actuator pair is dual and collocated, which guarantees unconditional sta-
bility [3]. Practical actuator sensor pairs are not perfectly dual and collocated so that the
feedback control loops are only conditionally stable [4]. In practice velocity feedback
loops can be implemented on a structure by control units comprising a proof-mass elec-
trodynamic actuator and closely located accelerometer-sensor pair with a time-integrator
and ﬁxed gain controller [4]. Above the actuator fundamental resonance frequency the
control force is in phase whit the control signal. However the actuator dynamics intro-
duces a 180◦ phase lag in the closed-loop control response which limits the maximum
gain with which the sensor signal can be feedback into the actuator. The stability of the
feedback loop then depends on both the electromechanical dynamics of the control unit
and the response of the structure under control. A number of authors have considered the
stability and performance of local velocity feedback controllers using inertial actuators
[5, 6, 7, 8, 9, 10].
The control problem can be analysed in the frequency domain or using the root locus
method, but boils down to separating the frequency range below the actuator’s resonance,
where its phase response approaches 180◦, from that of the dynamics of the structure un-
der control. Elliott et al. [11], for example, quantiﬁed the maximum feedback gain that
1could be used and showed that this was greatest if the actuator natural frequency was well
below the ﬁrst resonance of the structure under control and the actuator was also well
damped. Very low actuator resonance can give rise to problems with the deﬂection due to
gravity, however, although these can be overcome with internal feedback loops, using a
measure of the internal position of the proof mass for example [8]. Alternatively the sta-
bility of the feedback controller can be improved using compensators. Diaz and Reynolds
[12], for example, use a combination of a phase-lag and a ﬁrst order compensator, de-
signed using root locus analysis. Also Gonzalez D´ ıaz and Gardonio [10] proposed to use
a ﬁrst order PDI controller in order to enhance the feedback stability for a small scale
control unit with inertial actuator.
Even for otherwise stable systems, with high feedback gains the feedback signal may ex-
ceed the linear electromechanical limits of the actuator which leads to stroke/force satura-
tion [13, 14]. This leads to destabilising non-linear distortions and may cause permanent
failure of the control unit. Additional sources of instabilities are phase-lead and phase-lag
effects due to the frequency response functions of the feedback controller instrumentation
[15]. On the other hand the frequency response function (FRF) of the feedback controller
can also be purposely designed to enhance the control stability and performance by im-
plementing ﬁlters that match the stroke/force saturation curve of the control actuator and
by implementing an appropriate phase compensation [13].
The control unit can be described in terms of the open and closed-loop base impedance
it presents to the structure under control. This allows for a straight-forward physical
interpretation of the control system and allows a direct derivation of the expression for
the proposed compensator [16]. The ﬁrst aim of this report is to demonstrate how the
formulations for the control unit base impedance can be used to directly derive a second
order feedback compensator that provides signiﬁcant improvement to feedback control
systems with otherwise poor control stability.
From the discussion on stability provided above, it is clear that the design of an actua-
tor for active control is signiﬁcantly different from that of an active vibration neutraliser
[17], for which the natural frequency and internal damping is matched to a resonance
of the structure under control. Applying direct velocity feedback control to a tuned vi-
bration neutraliser does not signiﬁcantly improve the control performance over that of
2the passive system and leads to poor feedback loop stability [7]. The second aim of this
report is to show how the proposed compensation ﬁlter can be used to detune the me-
chanical and electromechanical response of the control unit with inertial actuators such
that it can be used simultaneously as both, passive tuned vibration absorber and active
velocity feedback actuator. It is demonstrated that such a multifunctional control unit can
be constructed from relatively simple low cost actuators and analogue electronic circuits.
The report is organised in seven Chapters. Chapter 2 introduces the actuator units and
discusses the formulations for the single degree of freedom system (SDOF) electrome-
chanical model that describes the control unit in terms of its passive and active base
impedance. Measured and simulated actuator blocked force and passive base impedance
FRFs, are presented. Chapter 3 discusses the formulations for an compensation ﬁlter and
also demonstrates the effect of the feedback compensation on the control unit closed-
loop base impedance. Chapter 4 discusses the control stability and performance of the
feedback control loop for the case that the control unit is mounted at the centre of three
thin aluminium panels with different thickness, i.e. with different fundamental natural
frequencies. The control stability and performance are analysed numerically for the feed-
back loop with and without compensation. The control stability is shown to be poor when
direct velocity feedback is implemented but that both control stability and performance
are signiﬁcantly enhanced if the compensation ﬁlter is implemented. Some issues and
trade-off’s that arise from the proposed compensation ﬁlter design are discussed in more
detail. Chapter 5 presents experimental results of open- and closed-loop measurements
that where conducted to verify the simulations in chapter 4. The measurements where
conducted using two experimental set-ups. In the ﬁrst set-up the control unit is mounted
at the centre of three thin clamped aluminium panels which corresponds to the simula-
tions presented in Chapter 4, where general agreement is found between the simulated
and experimental control characteristics. In the second set-up the control unit is mounted
at the tip of a cantilever beam, with a ﬁrst resonance frequency which is tuned to the fun-
damental resonance frequency of the control actuator. It is demonstrated that in such a
conﬁguration the open-loop control actuator acts as a tune vibration absorber, which yield
considerable passive vibration reduction, and that with appropriate feedback compensa-
tion further active vibration reductions can be achieved. Finally the beam-set-up is used
to demonstrate that using a Micro-Electro-Mechanical-System (MEMS) accelerometer,
3integrated with the control unit, analogue electronic circuits for sensor signal condition-
ing and feedback compensation can be used to construct a self-contained multifunctional
feedback control unit, which almost entirely consists of low-cost, low-weight compo-
nents.
4Chapter 2
The Actuator unit
The proof-mass electrodynamic actuator shown in Figure 2.1 was taken from TRSUT In-
ternational B.V. ‘HS-3100 Bass Vibration Headphone’ [18]. In these headsets the tactile
actuator units are used in addition to conventional audio drive units to produce low fre-
quency vibration in order to enhance the low frequency bass sensation. An example for
the type of tactile actuator used in this study is shown in Figure 2.1.
(a) (b) (c)
Figure 2.1: Pictures of the control actuator (a) top view on mounting nut,(b) open casing bottom view on
spider spring suspension and proof-mass and (c) open casing bottom view on voice coil.
As shown in Figure 2.1 (a) a M5 Nylon nut has been glued to the to of the actuator
casing which allows mounting the actuator to a B&K UA-0866 mounting stud. As shown
in Figure 2.1 (b), the actuator comprises a disc shaped proof-mass with an embedded
permanent magnet. The proof mass is suspended on a spider spring which is cut out of a
thin sheet of metal and is glued to the outer rim of the actuator casing. As shown in Figure
2.1 (c) ,the actuator voice coil is glued to the ‘top’ of the plastic casing. It should be noted
that the voice coil has no additional support structure which makes it very fragile.
5Since these actuator units are designed to be used in head phones they satisfy three im-
portant criteria for the demonstration of the feasibility of mass produced feedback control
units: (a) the actuator units are lightweight (b) the actuators are mechanically robust (high
suspension stiffness) and (c) the actuators are commercially available in high volumes and
at relatively low cost.
During the search for suitable actuator units a small range of other tactile vibration ac-
tuators were investigated. These actuators where either recovered from other types of
headphones or were bought separately where possible. The control units recovered from
other headsets where nominally similar to the ones recovered form the TRUST HS-3100
Headphones but each pair was bearing different manufacturer markings and showed con-
siderably different, less suitable, frequency responses functions (FRFs). One pair of tac-
tile actuators, taken from an eDimensional. Inc. ‘AudioFXTM Force Feedback Gaming
Headset’ [19], despite bearing a different manufacturer marking, showed very similar
FRFs to the units taken from the TRUST HS-3100 headphones. Unfortunately both the
TRUST HS-3100 and the AudioFX headphones have been discontinued and were there-
fore hard to obtain. To date it was not possible to identify a speciﬁc manufacturer for
any of the tactile actuator units recovered from headphones. The difference in construc-
tion and dynamic response of the other actuators investigated in preliminary studies are
summarised in Appendix B.
2.1 The control unit base impedance
This section discusses the model for the actuator base impedance which is used to de-
scribe the open- and closed-loop response of the velocity feedback loop generates when
mounted to arbitrary structure. It is demonstrated that the actuator base impedance can be
expressedasthesumofthepassiveimpedanceoftheactuatormechanicsystemandtheac-
tive ‘feedback’ impedance, which is a function of the actuator blocked force response, the
feedback gain and the controller frequency response function (FRF). The blocked force
itself is a function of the actuator mechanical system and the electrodynamic parameters
of the actuator voice coil engine.
A control unit comprising a proof-mass actuator, a collocated velocity sensor and a feed-
6back controller with complex FRF, can be modelled using the Single-Degree-Of-Freedom
(SDOF) electromechanical system depicted in Figure 2.2 (a). Herein the model is used
to describe the control unit with respect to the open- and closed-loop base impedance it
presents to a structure under control at the point where the control unit is mounted.
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Figure 2.2: Schematics of the electrodynamic model of the control unit (a) and equivalent electrodynamic
model decomposed in a passive response and a sky hook velocity feedback loop (b).
The formulations for the base impedance of the control unit when the control actuator is
driven with either a velocity proportional current or a velocity proportional voltage signal
is given by [16]
˜ ZcI =
[
˜ Zm1 +
˜ Zm2 ˜ Zs
˜ Zm2 + ˜ Zs
]
+ g ˜ CΨ
(
˜ Zm2
˜ Zm2 + ˜ Zs
)
, (2.1)
˜ ZcU =

 ˜ Zm1 +
˜ Zm2
(
˜ Zs + Ψ2/ ˜ Ze
)
˜ Zm2 +
(
˜ Zs + Ψ2/ ˜ Ze
)

 + g ˜ C
Ψ
˜ Ze
(
˜ Zm2
˜ Zm2 + ˜ Zs + Ψ2/ ˜ Ze
)
, (2.2)
respectively. In the above equations Zm1 = jωm1, Zm2 = jωm2, Zs = cs + ks/(jω)
and Ze = Re + jωLe are the impedances of the control units base mass, actuator proof
mass, actuator proof mass suspension and the electrical impedance of the actuator voice
coil, respectively. The electrical impedance of the voice coil is characterised by the voice
coil resistance Re and the voice coil inductance Le. The electromagnetic coupling is
characterised by the voice coil electromagnetic coupling coefﬁcient Ψ.
For both Eqn. (2.1) and Eqn.(2.2) the actuator base impedance can be separated into a
passive impedance term and an active feedback impedance term. The passive term is
7independent of the feedback control loop, while the active feedback impedance is given
by the product of the feedback gain g, the controller frequency response function (FRF)
˜ C and the actuator blocked force response. Denoting the passive impedance ˜ Za;passive
and the blocked force response ˜ Ta, the base impedance of a closed-loop control unit in its
general form is given by
˜ Zc = ˜ Za;passive + g ˜ C ˜ Ta. (2.3)
As indicated in Figure 2.2 (b) the base impedance of the actuator can also be interpreted
as an entirely passive SDOF mechanical system superimposed with an idealised feedback
loop with complex control law g ˜ C ˜ Ta . According to the second terms in Eqns. (2.1) and
(2.2), the blocked force of the actuator when driven by either a current or a voltage signal,
˜ TaI and ˜ TaU are given by
˜ TaI =
˜ fc
˜ Ia
= Ψ
(
˜ Zm2
˜ Zm2 + ˜ Zs
)
, (2.4)
˜ TaU =
˜ fc
˜ Ua
=
Ψ
˜ Ze
(
˜ Zm2
˜ Zm2 + ˜ Zs + Ψ2/ ˜ Ze
)
, (2.5)
respectively. Note that when the open-loop actuator is considered, the active impedance
terms go to zero. The base impedance then is entirely passive. In this case that the
terminals of the voice coil are left open-circuit the current is zero and the open-loop base
impedance is given by the ﬁrst term in Eqn. (2.1). If the terminals are short circuited
then the voltage difference across the voice coil is zero and the open-loop base impedance
is given by the ﬁrst term in Eqn. (2.2). The difference between open- and short-circuit
passive base impedance becomes negligible if Ψ2/ ˜ Ze is small.
2.2 Experimental studies and model ﬁtting
This section presents experimental and simulation studies on the actuator blocked force
response and open-loop base impedance (with open-circuit voice coil terminals) for a
representativeactuatorunit. AsshowninFigure2.1(a), forthepurposeoftheexperiments
8a mounting nut with an M5 thread has been glued to the top of the actuator casing with
its centre aliened with the central axis of the actuator. This allows it to attach the actuator
to a B&K type 8001 impedance head (10-32 UNF-2B thread) via a coupling bolt.
As shown in Figure 2.3 (a), for the blocked force measurements the impedance head
with actuator was mounted on a heavy rigid mass that acts as a blocked base reference.
The set-up was arranged with the axis of motion of the actuator proof-mass oriented
vertically. The blocked force was measured using the force gauge of the impedance head
with reference to both the input voltage and the input current to the actuator. The input
voltage was measured directly across the terminals of the actuators voice coil and the
input current was measured indirectly as the voltage across an 1 Ω resistor, in series with
the actuator input signal.
(a) (b)
Figure 2.3: Picture of the (a) blocked force measurement set-up and (b) the base impedance measurement
set-up.
Figure 2.4 shows the measured and simulated actuator blocked force responses between
5 Hz and 25.6 kHz. Note that the results with reference to input voltage are normalised
to the actuator voice coil resistance of about 8 Ω. Considering ﬁrst the general charac-
teristics of the measured results for both the blocked force produced by the current and
voltage driven actuators it is noted that at low frequencies the blocked force response is
dominated by the stiffness of the proof-mass suspension and is out of phase with the driv-
ing signal. The magnitude of the blocked force increases proportionally to the square of
frequency and peaks at the actuator fundamental resonance frequency, at about 55 Hz,
for the actuator considered here. Around the natural frequency the phase of the blocked
force response shows a 180◦ phase-lag. Also the magnitude of the blocked force FRFs
9show a sharp peak to due the low actuator mechanical damping ratio, which is estimated
to be 4%. As discussed above, the actuator unit is designed to produce high levels of low
frequency vibration for the enhancement of the bass sensation of the head-set user, for
which high mechanical damping would be undesirable. However for the purpose of ve-
locity feedback low internal actuator damping is detrimental for the stability of the closed
feedback loop [11, 4]. This already indicates stability issues when a feedback loop is
closed with a direct uncompensated velocity feedback signal.
Above the actuator natural frequency the blocked force FRFs is in phase with the driving
signal and shows a ﬂat response magnitude up to about 2 kHz. Above 2 kHz the FRFs
shows a sequence of peaks and dips which are due to actuator internal resonances. Partic-
ularly above 10 kHz two resonances with sharp response peaks are observed. Measure-
ments at such high frequencies are difﬁcult and it could be that the resonances above 10
kHz are due to resonances of the measurement set-up (The bond between the impedance
headandtheblockedreferencebasewererealisedwithasoftlayerofadhesivewax)rather
then to internal resonances of the actuator. Also internal resonances of the impedance
head may start to have an effect.
The blocked force responses for the current driven actuator and voltage driven actuator
(which has been normalised to the resistance of the coil) are very similar over a wide
range of frequencies. Only above about 3 kHz the magnitude and phase of the voltage
driven blocked force drops due to the increasing effects of the inductance on the actuator
voice coil electrical impedance. The back-electromotive force (back-EMF) produces ad-
ditional internal damping in the voltage driven actuator. The back-EMF depends on the
relative velocity between the actuator base (position of voice coil) and the actuator proof
mass and is therefore highest at the actuator mechanical resonance. However, the results
in Figure 2.4 only show negligible additional damping effect for the blocked force pro-
duced with reference to voltage. It can therefore be concluded that the electromagnetic
ﬁelds produced by the voice coil and the permanent magnet are weakly coupled. In fact
the electromagnetic coupling coefﬁcient is estimated to be Ψ=0.53 NA−1. An actuator
with higher electromagnetic coupling factor would produce higher back-EMF and could
also produce an overall higher blocked force response per unit driving current/voltage.
The recorded coherence for the blocked force measurements indicate that the response of
the actuator is almost perfectly linear for frequencies above 20 Hz for a wide range of
10excitation levels.
In general the measured and simulated blocked force FRFs for both current and voltage
driven actuators (Eqs. (2.4) and (2.5)) are in good agreement with the measured reposes
over the entire observed frequency range. In particular very good agreement is achieved
up to 1.5 kHz. As discussed above, for frequencies beyond 1.5 kHz the measured blocked
force FRFs show resonant behaviour due to the more complex actuator internal dynamics
which are not considered in the SDOF electromechanical model.
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Figure 2.4: Simulated (thick − lines) and measured (thin − lines) blocked force responses for a current
driven actuator (solid − lines) and voltage driven actuator (dashed − lines).
As shown in Figure 2.3 (b), for the base impedance measurements the impedance head
with attached actuator was mounted on a LDS type 201 primary shaker. Experiments
with the actuator both horizontally and vertically were conducted. The results for both
orientations are very similar. This indicates a high actuator suspension stiffness perpen-
dicular to the axis of proof-mass motion. Also the static displacements for the vertical
orientation are very small. These are very desirable feature as in practice this allows for
arbitrary placement and orientation of the control unit. The measured and simulated base
impedances are shown in Figure 2.5.
Considering ﬁrst the characteristics of the measured results, at low frequencies the actua-
torbaseimpedancehasaphaseof90◦ andthemagnituderisesproportionallytofrequency.
It is therefore ‘mass like’, corresponding to the impedance of the total mass of the actuator
moving in phase. Around the actuator resonance frequency at about 55 Hz the magnitude
11of the base impedance shows a resonance peak and at about 100 Hz an anti-resonance dip;
in between the phase of the base impedance drops to about -70◦. For frequencies above
100 Hz the phase of the base impedance converges to 90◦ corresponding to the impedance
of the actuator base mass. Apart from three minor resonance peaks and anti-resonance
dips this holds up to a frequency of about 1850 Hz. Above this frequency the actuator base
impedance shows a series of three sharp peaks and three steep dips which correspond to
three troughs in the phase response. These effects are assumed to be due to internal reso-
nances and anti-resonances of the actuator. Above 3 kHz the phase of the base impedance
stabilises around 90◦ and hence shows predominantly mass like behaviour although the
magnitude of the response is lower than that of the impedance for the equivalent control
unit base mass.
It is interesting to note that the resonance and anti-resonance effects between 1850 Hz
and 3000 Hz are more pronounced in the base impedance measurement then they are
in the blocked force measurements in Figure 2.4. Conversely the sharp resonances in the
measuredblockedforceabove10kHzarenotfoundinthebaseimpedancemeasurements.
This indicates that the passive and active reaction forces produced by the control unit are
transmitted via different paths. The passive response force is transmitted to the actuator
base via the spider spring suspension which is attached to the relatively ﬂexible actuator
casing. In contrast the active reaction force is predominantly transmitted via the voice
coil which is directly attached to the base of the control actuator. The resonance and anti-
resonance effects between 1850 Hz and 3000 Hz could hence be due resonances of the
actuator casing, which have only little effect on the blocked force response. Hence the
signiﬁcant resonance and anti-resonance effects in the blocked force response above 10
kHz may either be due to internal resonance of voice coil or as speculated above, bdue to
the overall response of the blocked force measurement set-up.
The simulated passive base impedance in Figure 2.5 shows a good general agreement with
the measured base impedance. As for the blocked force response, very good agreement
is achieved up to 1.5 kHz. The internal actuator resonances that occur above 1.5 kHz are
not considered in the model.
The estimated control unit mechanical and electrical parameters used to produce the sim-
ulation results are summarised in Table 2.1. Note that the estimates for the actuator base
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Figure 2.5: Simulated (solid) and measured (faint) base impedance with of a representative actuator with
open circuit voice coil terminals. The impedance of the actuator total mass and the actuator base mass are
shown by the (dashed) and (dash − dotted) lines, respectively.
mass include the mounting mass added to the actuator (ca. 1 gram) and the impedance
head mass below the force gauge (2.2 grams according to the calibration sheet). It is as-
sumed that this is a very similar weight to that that is added by a collocated acceleration
sensor and mounting masses when the control unit is attached to a panel for example.
Table 2.1: Parameters for the actuator electromechanical model.
Parameter Symbol Value Units
Base mass m1 5.7 gram
Proof mass m2 12 gram
Suspension stiffness ks 1433 Nm−1
Natural frequency ωa/(2π) 55 Hz
Suspension damping coefﬁcient cs 0.332 Nsm−1
Suspension damping ratio ζ 0.04
Coil electrical resistance Re 8 Ω
Coil electrical inductance Le 0.1 mH
Voice coil coefﬁcient Ψ 0.53 N A−1
Figures 2.6 and 2.7 show simulated and the predicted semi empirical results for the con-
trol unit open- and closed-loop base impedance with gain settings between 0.5 and 1000,
respectively. The results in Figure 2.7 are based on the measured passive base impedance
and the measured blocked force response functions. Good agreement between the simu-
lation and semi empirical predictions are achieved in the frequency range between 10 Hz
and 1.5 Hz. As discussed above, beyond 1.5 kHz internal actuator resonance effects oc-
13cur in the semi empirical results which are not captured in the actuator lumped parameter
model. Above 10 kHz for high feedback gain a sharp drop in phase is predicted from the
semi empirical results in Figure 2.7. This occurs at the same frequency as the ﬁrst sharp
resonance peak in the measured blocked force response, however, this is most likely due
to difﬁculties with the phase unwrapping in the post processing.
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Figure 2.6: Simulated open-loop base impedance (solid) and simulated closed-loop base impedance for
feednack gains between 0.5 and 1000 (faint). The impedance of the actuator total mass and the actuator
base mass are indicated by the (dashed) and (dash − dotted) lines, respectively.
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Figure 2.7: Measured passive base impedance (solid) and predicted closed-loop base impedance using the
measured blocked force FRF for a current controlled actuator and feedback gains between 0.5 and 1000
(faint). The impedance of the actuator total mass and the actuator base mass are indicated by the (dashed)
and (dash − dotted) lines, respectively.
14Chapter 3
Open-loop compensator
A number of authors have considered the stability and performance of local velocity feed-
back controllers using inertial actuators [2, 5, 6, 7, 11, 13]. The control problem can be
analysed in the frequency domain or using the root locus method, but boils down to sep-
arating the frequency range below the actuator’s resonance, where its phase response ap-
proaches 180◦, from that of the dynamics of the structure under control. Elliott et al. [11],
for example, quantiﬁed the maximum feedback gain that could be used and showed that
this was greatest if the actuator natural frequency was well below the ﬁrst resonance of the
structure under control and the actuator was also well damped. Very low actuator reso-
nance can give rise to problems with the deﬂection due to gravity, however, although these
can be overcome with internal feedback loops, using a measure of the internal position of
the proof mass for example [8]. Alternatively the stability of the feedback controller can
be improved using compensators. Diaz and Reynolds [12], for example, use a combina-
tion of a phase-lag and a ﬁrst order compensator, designed using root locus analysis. Also
Gonzalez D´ ıaz and Gardonio [10] proposed to use a ﬁrst order PDI controller in order to
enhance the feedback stability for a small scale control unit with inertial actuator.
In this chapter a second order compensator is proposed, which makes the inertial actuator
appear to have a lower natural frequency and higher damping within the feedback loop.
This allows higher values of velocity feedback gain and hence higher active damping.
The compensator is designed in a very intuitively approach based on the actuator blocked
force response. The open-loop mechanical impedance of the actuator is unchanged by the
use of this compensator. Hence the actuators mechanical resonance can be designed inde-
15pendently, e.g. to passively reduce the response of the structure under control, by acting
as a tuned vibration absorber at its ﬁrst natural frequency. The use of such a compensator
thus allows the inertial actuator to be used in a multifunctional way, in which the design
of its passive performance is separated from the design of its active control function.
As demonstrated in Sections 2.1, the formulations for the control unit base impedance
allows us to describe the feedback response of the control unit separately as an entirely
passive SDOF mechanical system with superimposed an idealised feedback loop with
complex control law g ˜ C ˜ Ta. Hence one idea of addressing this problem is that of im-
plementing a controller FRF ˜ C that compensates for the resonant characteristics of the
blocked force response ˜ Ta. This is particularly important for high feedback gain settings
where the control unit base impedance is dominated by the actuator activebase impedance
term. Rewriting the general expression for the active impedance from Eqn. (2.1) in terms
of the individual impedances of the control unit components gives
g ˜ C ˜ TaI = g ˜ CΨ
(
˜ Zm2
˜ Zm2 + ˜ Zs
)
= g ˜ CΨ
ω2m2
ks + jωcs − ω2m2
= g ˜ CΨ
ω2
ω2
a + j2ζaωaω − ω2. (3.1)
An intuitive choice for a compensation ﬁlter is therefore given by
˜ Cc =
ω2
a + j2ζaωaω − ω2
ω2
c + j2ζcωcω − ω2 , (3.2)
whereωa =
√
ks/m2 istheangularnaturalfrequencyoftheactuatorandζa = cs/(2
√
ksm2)
is the actuator internal damping ratio. Also ωc is the compensator design frequency, which
for this study was chosen to be ωc/(2π)=10 Hz. The compensator design damping ratio ζc
is chosen to be one, resulting in a critically damped response. The resulting compensator
frequency response function is shown in Figure 3.1. With compensation, the active term
of the control unit base impedance becomes
16g ˜ Cc ˜ TaI = gΨ
ω2
ω2
c + j2ζcωcω − ω2. (3.3)
Thecompensatorintroducesanewresonanceatthedesignfrequencyofωc ofthecompen-
sator, which however is critically damped. In the above expression the feedback response
peak at the actuator fundamental resonance frequency has been fully compensated. Note
that if a voltage input signal is considered the compensation ﬁlter in Eqn. (3.2) will not
fully compensate the blocked force response due to the back-EMF effects. This however
is not a signiﬁcant problem since, (a) the effect of the back EMF tends to be small and (b)
if needed can be readily taken into account in the compensator design.
As shown in Figure 3.1, at the actuator resonance frequency the compensator FRF has
an anti-resonance dip which compensates for the response peak in the actuator blocked
force response and also compensates the phase-lag around the actuator resonance with
a 180◦ phase-advance. Above the actuator fundamental resonance frequency the magni-
tude of the compensator FRF is one. Close to the actuator fundamental resonance there is
slight phase-lead which with increasing frequency converges to zero. Hence well above
the actuator natural frequency the compensator does not alter the feedback response com-
pared with the uncompensated case. Below the Actuator natural frequency a phase-lag is
introduced in the system.
10
1
10
2
10
3
10
4
−20
0
20
40
Frequency [Hz]
|
H
f
i
l
t
e
r
|
 
d
B
10
1
10
2
10
3
10
4 −180
 −90
   0
  90
 180
Frequency [Hz]
∠
(
H
f
i
l
t
e
r
)
 
[
D
E
G
]
Figure 3.1: 55 Hz Compensator frequency response function.
17The main drawback of the proposed compensator design is the enhancement at low fre-
quencies by about 30 dB, which may result in limitations in the implementable feedback
gain with respect to stroke/force saturation of the actuator and also increases the sensi-
tivity to low frequency measurement noise. The design frequency and damping ratio can
be chosen arbitrarily such that an optimised compensator may slightly vary depending on
the balance of stability and stroke/force saturation limitations of the control unit [13, 14].
The predicted blocked force response of the compensated actuator is shown in Figure 3.2,
together with the uncompensated blocked force response from Fig. 2.4. Figure 3.2 (a)
shows the blocked force of the current driven control unit from Eqn. (2.4) and 3.2 (b)
shows the blocked force of the voltage driven control unit from Eqn. (2.5). Note that
the compensator perfectly cancels the response peak in the blocked force of the current
driven actuator. Due to the additional effects due to the back-EMF effect in the voltage
driven actuator there is a slight dip in the magnitude of the blocked force response around
the actuator resonance frequency. This is because the compensator over compensates
the response since the internal damping of the actuator is underestimated. As discussed
before, if the electromagnetic coupling between the coil and the magnet is low this effect
may be negligible in many practical applications, however the additional electromagnetic
effects can also be easily incorporated in the design of the compensation ﬁlter by choosing
appropriate values for ωa and ζa.
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Figure 3.2: Simulated actuator blocked force response for (a) current driven actuator and (b) voltage driven
actuator with out compensation (faint) and with compensation (solid).
18Figure 3.3 (a) shows the base impedance of the current driven control unit from Eqn.
(2.1) for open feedback loop and for the closed uncompensated velocity feedback loop
with feedback gains between 0.5 and 1000. For low feedback gains the base impedance is
dominated by the passive impedance characteristics of the control unit. For high feedback
gains the base impedance is dominated by the active impedance term which for direct ve-
locity feedback has the same characteristics as the actuator blocked force FRF. Therefore,
for increasing feedback gains, below the actuator fundamental resonance frequency, the
phase of the base impedance tends towards 180◦. For increasing feedback gains, above
the actuator fundamental resonance frequency, the phase of the base impedance tends to-
wards 0◦. This indicates that above the actuator resonance frequency the base impedance
has a positive real part and thus has the potential of absorbing power from a structure by
means of active damping. For all gains with increasing frequencies the base impedance
converges towards that of the passive actuator, which corresponds to the impedance of the
actuator base mass.
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Figure 3.3: Open and closed-loop base impedance for (a) without compensator and (b) with compensator.
Open-loop base impedances (solid) and closed-loop base impedances for the current driven actuator for
feedback gains between 0.5 and 1000 (faint). The impedance of the actuator total mass and the actuator
base mass are indicated by the (dashed) and (dash − dotted) lines, respectively.
19Figure 3.3 (b) shows the predicted open- and closed-loop base impedance of the cur-
rent driven control unit with compensator for feedback gains between 0.5 and 1000. As
discussed for the uncompensated case, for low feedback gains the base impedance of
the closed-loop control unit is characterised by the response of the passive mechanical
impedance of the control unit. For increasing feedback gains the base impedance is pro-
gressively dominated by the characteristics of the active part of the base impedance. In
contrast to the results for uncompensated velocity feedback, as the feedback gains in-
crease, the results with compensation show an increasingly ﬂat response around the ac-
tuator fundamental resonance frequency. This is because the compensation ﬁlter fully
compensates for the resonant response in the actuator blocked force. The new poles intro-
duced by the compensator at ωc causes an ampliﬁcation of the base impedance magnitude
around 10 Hz but since the response is critically damped new response peaks are avoided.
20Chapter 4
Control stability and performance
This chapter presents simulation studies on the stability of the velocity feedback loop
for the case that the control unit is mounted at the centre of three thin aluminium panels
with different thickness, i.e. with different fundamental natural frequency. The control
stability is analysed for the case that the feedback loop around the control unit sensor-
actuator pair is closed directly, without compensation, and with the open-loop compen-
sation ﬁlter included in the feedback loop. It is demonstrated that the control stability
is signiﬁcantly enhanced if the compensation ﬁlter is implemented and that this leads to
signiﬁcant improvements in the achievable control performance. It is also demonstrated
that the proposed compensation approach is robust even for signiﬁcant deviation of the
actuator parameters form the nominal values. Some issues and trade-off that arise from
the proposed compensation ﬁlter design are discussed in more detail.
4.1 Open-loop stability analysis
To analyse the stability of the feedback loop when attached to an arbitrary structure it
is necessary to investigate the sensor-actuator open-loop FRF (OL-FRF) [20]. Consider-
ing the expressions for the control unit base impedance derived in Section 2.1, the plant
response seen by the feedback controller, i.e. the frequency response function between
the (velocity proportional) control signal input to the controller and the structural velocity
output, is given by
21˜ G = ˜ C ˜ Ta˜ Ycoupled, (4.1)
where ˜ Ycoupled =
[
˜ Za;passive + ˜ Zstructure
]−1
is the control point mobility of the structure
with the passive actuator attached. The open-loop sensor-actuator FRF of the feedback
system is thus
g ˜ G =
g ˜ C ˜ Ta
˜ Za;passive + ˜ Zstructure
=
Ystructureg ˜ C ˜ Ta
1 + Ystructure ˜ Za;passive
. (4.2)
For stability, the locus of g ˜ G must not encircle the Nyquist stability point at (-1, j0) as ω
varies from 0 to +∞.
4.1.1 Panel model
The OL-FRF of the feedback loop is studied here for the case where the control unit is
mounted at the centre of three thin rectangular aluminium panels. For direct comparison
with experimental studies the panels are modelled with a thickness of 1.0 mm, 1.2 mm
and 1.6 mm respectively. The boundary conditions are considered to be clamped along
all edges. The panels used in the experimental studies in Chapter 5, when mounted in the
test frame, have the dimensions lx × ly = 447×381 mm. The initial comparison between
simulated and measured responses indicated that the simulated fundamental natural fre-
quencies are slightly higher then those measured on the actual test panels, which is due
to non-perfect clamped boundary conditions in the experimental set-up and possibly also
due to additional mass loading due to the mounting studs and accelerometer, which in this
initial stage were not considered in the simulations. The most important criterion for the
control stability is the ratio of the fundamental resonance frequency of the structure and
the fundamental resonance frequency of the control actuator. In order to keep the models
of the panels as simple as possible the fundamental natural frequencies of the panels were
matched to those estimated experimentally, by scaling up the x- and y- dimensions of the
panels appropriately while keeping the aspect ratio the same. The fundamental natural
22frequencies for the 1.0 mm, the 1.2 mm and the 1.6 mm panels are 62.5 Hz, 73 Hz and
100 Hz and the applied scaling factors are 1.08, 1.10, 1.08 respectively. The geometry
and material parameters of the panels are summarised in Table 4.1.
Table 4.1: Geometry and physical parameters of the panel used as primary structure.
Parameter Symbol Value Unit
x-dimension lx 477×X mm
y-dimension ly 381×X mm
Thickness h 1.0 / 1.2 / 1.6 mm
Scaling factor X 1.08 / 1.10 / 1.08 –
Mass density ρ 2700 kg m−3
Young’s modulus E 70 GPa
Poisson’s ratio ν 0.33 –
Damping loss factor η 0.02 –
4.2 Control Stability
All simulations were conducted assuming a control actuator fundamental resonance fre-
quency of 55 Hz. The ratio of the panel fundamental resonance frequency for the 1.0 mm,
the 1.2 mm and the 1.6 mm panel are therefore 1.14, 1.32 and 1.81 respectively. Figures
4.1 to 4.3 show the predicted OL-FRFs for the current driven control unit without com-
pensator and the predicted OL-FRF with compensator when mounted at the centre of the
three different panels.
Considering ﬁrst the cases without compensation, the OL-FRFs show two closely spaced
peaks which occur just below the actuator natural frequency and above the panels funda-
mental bending resonance frequencies. In all three cases at low frequencies there are two
dominant peaks in the magnitude of the open-loop FRFs, which are of opposite phase.
The ﬁrst peak corresponds to a coupled resonance which is dominated by the control ac-
tuator response (negative real part). The second peak is a coupled resonance which is
dominated by the panel responses (positive real part). This indicates that the feedback
loops is only conditionally stable with relatively low gain margin [20]. For the simulated
results (considering a current driven control unit) all other peaks in the sensor-actuator
open-loop FRF produce stable circles in the right-half plane of the Nyquist plot (phase
does not drop below -540◦).
23−0.4 −0.2 0 0.2 0.4 0.6
−0.5
−0.4
−0.3
−0.2
−0.1
0
0.1
0.2
0.3
0.4
0.5
Re{H}
I
m
{
H
}
10
1
10
2
10
3
10
−5
10
0
Frequency [Hz]
|
H
|
10
1
10
2
10
3
−630
−540
−450
−360
−270
−180
 −90
   0
  90
Frequency [Hz]
∠
(
H
)
 
[
D
E
G
]
Figure 4.1: Simulated open-loop FRF for the feedback loop when mounted at the centre of a 1.0 mm thick
panel; without compensator (dashed) and with compensator (solid).
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Figure 4.2: Simulated open-loop FRF for the feedback loop when mounted at the centre of a 1.2 mm thick
panel; without compensator (dashed) and with compensator (solid).
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Figure 4.3: Simulated open-loop FRF for the feedback loop when mounted at the centre of a 1.2 mm thick
panel; without compensator (dashed) and with compensator (solid).
24The comparison between the results for the different panels shows that the absolute size
and proportion of the circle in the left-half plane (negative real part) and the circles in the
right-half plane (positive real part) of the Nyquist plots change depending on which panel
the control unit is mounted to. The stability of the feedback loop can be characterised
by the maximum stable gain that can be implemented (absolute size of the circle in the
left-half plane). However, the maximum stable feedback gain alone does not provide a
measure of the control performance. The size of the circles in the left-half plane of the
Nyquist plot determines the control stability limit and indicates the amount of control
spillover that is produced by the control unit. The size of the circles in the right-half
plane indicate the attenuation that can be achieved in the speciﬁc resonant modes of the
panel. The relative size of the biggest circle in the left-half plane and the individual circles
in the right-half plane of the Nyquist plot are therefore a good indication of the control
performance as it weights potential attenuation against potential control spillover.
Gonz´ alez D´ ıaz et al. [21] have introduced the so called performance ratio ρk that pro-
vides the maximum control effect produced by the feedback loop at the k-th resonance
frequency assuming the maximum stable feedback gain is implemented. The performance
ratio is given by ρk = 1/(1 + δk0), where δk0 is the ratio of the size δk of the circle of
the locus of g ˜ G due to the k-th resonance (thus located in the real positive quadrants)
and the size δ0 of the circle of the locus of g ˜ G due to the fundamental resonance of the
actuator (thus located in the real negative quadrants). In order to maximize the control
performance, the ratio δk0 = δk/δ0 should be maximised.
Considering the uncompensated results in 4.1 to 4.3 it can therefore be concluded that
(a) much higher feedback gains can be implemented with the feedback loop as the panel
thickness increases, i.e. as the ratio between the panel ﬁrst natural frequency and the fun-
damental resonance frequency of the actuator increases and (b) that also the performance
ratio is increasing accordingly. Considering the cases with compensation it can be seen
that for all three panels the compensation considerably improves the feedback stability
by shifting the frequency at which the open-loop response function crosses the negative
real axis (phase of -180◦) down towards the compensator design frequency of 10 Hz and
hence rotates the circle of the ﬁrst response peak clockwise into the right-half plane of the
Nyquist plot. This results in a signiﬁcant improvement of the control stability and control
performance.
25As indication, for the uncompensated case the maximum stable gains for the three panels
are 1.96, 3.35 and 10.5. The maximum ratio δk0 is 0.98, 1.71, and 4.12. In contrast for
the compensated case these maximum gains are 474, 796 and 1980 and the maximum
ratios δk0 are 112, 191 and 533, respectively. This shows that the control stability and
performance of the feedback control system with compensation is signiﬁcantly enhanced
in terms of both the maximum stable gain and in terms of the ratio δk0.
4.3 Control performance
The global control performance is assessed considering the case where the control unit
is mounted a the centre of the 1.0 mm thick aluminium panel. This example is chosen
because it represents the worst case scenario in terms of control stability. The excitation is
modelled as an acoustic plane wave with a 1 Pa pressure amplitude at all frequencies and
with angle of incidence θ=45◦, normal to the panel surface, and φ=45◦, measured normal
to the x-axis in the plane of the panel. The total kinetic energy of the panel is estimated
using an elemental approach which is discussed in Ref. [22]. Figure 4.4 (a) shows the
panel kinetic energy for the panel without control unit, with the open-loop passive control
unitattachedandwiththeclosed-loopcontrolunitforthecaseswithandwithoutfeedback
compensation.
Comparing ﬁrst the case of the plain panel to that with open-loop control unit attached,
it can be seen that the spectrum of the panel kinetic energy with control unit attached
exhibits a dip around the actuator natural frequency at 55 Hz. This dip is ﬂanked by two
resonance peaks, one at about 46 Hz, below the actuator natural frequency and one at
about 70 Hz, above the panel ﬁrst natural resonance frequency at 62.5 Hz. These peaks
are 16dB and 13dB lower than the resonant peak of the ﬁrst panel resonance without
control unit attached. This is because the two natural frequencies are only a factor of
1.14 apart and hence the passive control unit acts as a tuned vibration absorber [17] and
introduces considerable passive control. As shown in Figure 4.4 (b) more than 5 dB
overall reductions in the panel kinetic energy are predicted due to the passive dynamics
of the control unit.
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Figure 4.4: (a) Spectrum of the panel kinetic energy of the 1.0 mm panel with and without control and
(b) broadband chances in panel kinetic energy in the frequency range between 0.1 Hz and 1 kHz. In (a):
Results for the panel without control unit attached (solid), with open-loop control unit attached (dotted),
with closed-loop control unit without compensator set to a feedback gain that guarantees a 6 dB gain margin
(faint); control unit with compensator set to a feedback gain that guarantees a 6 dB gain margin (dashed−
dotted) and control unit with compensator set to a feedback gain that results in ’optimal’ control (dashed).
In (b): Control unit without compensation (faint) and control unit with compensation (solid); maximum
stable gains (squares), gains that guarantee a 6 dB gain margin (circles), and gain that results in optimal
control for the control unit with compensator (diamond).
Closing the feedback loop around the control units’ sensor-actuator pair with direct, un-
compensated velocity feedback results in very little additional reductions. As discussed
in Section 4.1 this is because the feedback loop is only conditionally stable with a low
gain margin. As shown in Fig. 4.4 (a), while some reductions are achieved in the second
peak of the kinetic energy spectra (dominated by the panel resonance), these are out-
weighed by an increase (control spillover) in the ﬁrst peak (dominated by the actuator
resonance). Figure 4.4 (b) shows that if a feedback gain that guarantees a 6 dB gain mar-
gin is implemented only marginal additional broad band reductions are achieved. This
is in accordance with ﬁndings of Garcia et al. [7] who reported that the passive tuning
of reactive mass actuators (RMA) can suppress vibrations of the test structure but that
the application of active control to the tuned RMAs does not signiﬁcantly increase the
systems vibration suppression performance.
In contrast, closing the loop around the control unit sensor-actuator pair with compen-
sated velocity feedback allows to implement much higher feedback gains and to achieve
considerable additional reductions in the panel kinetic energy. In fact the maximum stable
gain and the gain that would guarantee a 6 dB gain margin are both beyond the feedback
gain that implements optimal control, which is similar to the gain that results in maxi-
27mum power absorption [23]. As shown in Figure 4.4 (b) more than 7 dB of additional
reductions in the broad band kinetic energy are achieved to give a total reduction due to
passive and active effects of about 11 dB.
To summaries, considerable passive effects are achieved due to the open-loop control unit
which acts as a passive vibration absorber. However, in general, matching of the lightly
damped actuator resonance and the ﬁrst structural natural frequency has a detrimental ef-
fect on the feedback loop stability, since this produces a large circle in the left-half plane
locus of the sensor-actuator open-loop FRF. Control actuators for active velocity feed-
back control of continuous systems are therefore usually designed to have high internal
damping and a natural frequency well below the ﬁrst natural frequency of the structure
under control [11]. This allows to implement high feedback gains with direct velocity
feedback signal. With the proposed compensation ﬁlter the passive and active responses
of the control unit are efﬁciently detuned, which allows to desing the passive and active
function of the control unit independently.
With respect to panels with different thickness, the simulations in section 4.2 show that in-
creasing the ratio between the ﬁrst resonance frequency of the structure under control and
thefundamentalresonancefrequencyofthecontrolactuatorresultsinincreasingfeedback
gain margins and active control performance (which is the case for both the compensated
and uncompensated cases). For the uncompensated case this comes with an trade off as
only negligible passive reductions are achieved in conﬁgurations with high ratio between
structure and actuator fundamental resonance frequency (and apparent masses), while on
the other hand higher feedback gains, closer to the optimal gain can be implemented
with direct velocity feedback. For all three cases studied here the feedback compensation
would allow to implement much higher gains than those which would produces optimal
active control reductions. However, in practice the maximum feedback gain may not be
limited by the linear sensor-actuator open-loop FRF but by the linear limits of the con-
trol actuator which may arise from stroke/force saturation or simply by limits posed by
mechanical integrity of the actuator design.
284.4 Compensator robustness
In this section the sensitivity/robustness of the compensator performance to uncertainties
in the dynamics of the actuators is investigated. As described in Chapter 3, the com-
pensation ﬁlter design is directly derived from the control actuator natural frequency and
mechanical damping ratio. It is therefore important to investigate how the control unit
sensor-actuator open-loop FRF is affected by variations in the actuator natural frequency
and damping ratio that may occur due to uncertainties in the manufacturing process. Un-
certainty in the control actuator is introduced by substantially varying the actuator sus-
pension stiffness and damping ratio.
The results on the compensated blocked force response from some of the simulations are
shown in Fig. 4.5, in which the compensator is ﬁxed, with a null at 55 Hz, but the actuator
natural frequency is assumed to vary signiﬁcantly between 55±40% the results shown are
those for a actuator with 33 Hz and 77 Hz resonance frequency with the damping ratio is
ﬁxed to 4%.
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Figure 4.5: Simulated actuator blocked force response for (a) current driven actuator and (b) voltage driven
actuator with out compensation (faint), with a 55 Hz natural frequency and matched compensator with
a null at 55 Hz (solid), also shown results with the same compensator but for an actuator with 33Hz
fundamental resonance frequency (dashed) and an actuator with 77 Hz natural frequency (dash−dotted).
If the actuator resonance frequency is higher than the compensator design frequency, an
undesired phase-lead is introduce in the blocked force response around the actuator nat-
ural frequency, while if the actuator resonance frequency is lower than the compensator
design frequency, then an additional phase-lag is introduced around the actuator natural
29frequency, which is less problematic in the closed feedback loop. Hence, as a practical
design criterion the compensator frequency ωa should be chosen from the upper end of
the expected range of actuator natural frequencies.
Figures 4.6 to 4.8 show the sensor-actuator open-loop FRFs, for the control unit mounted
at the centre of the three different panels, for the case that the proof-mass suspension
stiffness is varied such that the actuator natural frequency varies from 33 Hz to 77 Hz
while the suspension damping ratio is ﬁxed to 4%. Considering the results in Figure 4.6,
which show the OL-FRF for the control unit with compensation ﬁlter when mounted on
the 1.0 mm panel with a ﬁrst resonance frequency of 62.5 Hz, the stability of the feedback
loop is not signiﬁcantly affected by the variation in the actuator suspension stiffness.
Which indicates high allowable production tolerances needed for low cost production.
Figure4.7showstheOL-FRFsforthecontrolunitwithcompensationﬁlterwhenmounted
on the 1.2 mm panel with a ﬁrst resonance frequency of 73 Hz. In this case for actuators
with fundamental resonance frequencies that are signiﬁcantly higher than the compen-
sator design frequency at 55 Hz, the open-loop FRFs exhibit additional circles in the
left-half plane of the Nyquist plot, which signiﬁcantly reduces the control stability and
performance of the feedback loop. The OL-FRFs for actuators with fundamental reso-
nance frequency below 55 Hz show additional circles in the right-half plane which are
stable and hence do not signiﬁcantly reduce the control stability. The results in Figure
4.8 for the 1.6 mm panel with a ﬁrst resonance frequency of 100 Hz, show the same
characteristics. However, as the ratio between the ﬁrst panel resonance frequency and the
actuator fundamental resonance frequency increase, the sensitivity to mismatch in the a
compensation frequency and the actual actuator natural frequency is increasing.
It can be concluded that the sensitivity/robustness of the feedback compensation is least
affected by variances in the actuator suspension stiffness for low ratios between the ﬁrst
resonance frequency of the structure under control and the actuator fundamental reso-
nance frequency. As this frequency ratio increases the sensor-actuator open-loop becomes
increasingly sensitive to variation in the actuator suspension stiffness, i.e. miss matching
between the actuator blocked force FRF and the compensator FRF.
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Figure 4.6: Open-loop FRF for the control unit mounted at the centre of a 1.0 mm thick aluminium panel
with 62.5 Hz fundamental natural frequency; with matched compensation ﬁlter (solid) and for the control
unit with the actuator suspension stiffness varied such that the actuator natural frequency range is 55 Hz ±
40% while the compensator is ﬁxed to the nominal parameters (faint). Limiting values for actuator natural
frequency of 33 Hz (dashed) and 77 Hz (dash − dotted).
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Figure 4.7: Open-loop FRF for the control unit mounted at the centre of a 1.2 mm thick aluminium panel
with 72 Hz fundamental natural frequency; with matched compensation ﬁlter (solid) and for the control
unit with the actuator suspension stiffness varied such that the actuator natural frequency range is 55 Hz ±
40% while the compensator is ﬁxed to the nominal parameters (faint). Limiting values for actuator natural
frequency of 33 Hz (dashed) and 77 Hz (dash − dotted).
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Figure 4.8: Open-loop FRF for the control unit mounted at the centre of a 1.6 mm thick aluminium panel
with 100 Hz fundamental natural frequency; with matched compensation ﬁlter (solid) and for the control
unit with the actuator suspension stiffness varied such that the actuator natural frequency range is 55 Hz ±
40% while the compensator is ﬁxed to the nominal parameters (faint). Limiting values for actuator natural
frequency of 33 Hz (dashed) and 77 Hz (dash − dotted).
31In practise this is good news since (a) in cases where the actuator resonance is well below
the ﬁrst resonance of the structure under control, stability issues are less critical than
in the case when they are close together and (b) both the results for the compensated
blocked force response in Figure 4.5 and those for the sensor-actuator open-loop response
functionsinFigures4.6to4.8indicatethatthedetrimentaleffectsofvariabilityinactuator
suspension stiffness may be mitigated by designing the compensation ﬁlter according to
an actuator with a natural frequency that falls in the upper end of the expected variability
range.
Figure 4.9 shows the results for the simulated compensated blocked force responses, for
which the compensator is ﬁxed, with a null at 55 Hz and 4% damping ratio. The actuator
natural frequencies are kept constant at 55 Hz but the damping ratio is assumed to vary
signiﬁcantly between 0.1% and 100%.
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Figure 4.9: Simulated actuator blocked force response for (a) current driven actuator and (b) voltage driven
actuator with out compensation (faint), with a 55 Hz natural frequency and matched compensator with a
null at 55 Hz (solid) and a damping ratio of 4%, also shown results with the same compensator but for an
actuator with matched resonance frequencies but 0.1% damping ratio (dashed) and an actuator with 100%
damping ratio (dash − dotted).
The results show that if the actuator damping ratio is lower than the compensator damping
ratio, the resulting blocked force response is ‘under compensated’, hence shows a peak in
the response magnitude, while if the actuator damping ratio higher than the compensator
damping ratio, then the resulting blocked force response is ‘over compensated’ and hence
shows a dip in the response magnitude. However in both cases the compensation of
the phase response remains more or less intact. The results indicate that if faced with
variances in the actuator damping, it may be beneﬁcial to design the compensator with
32reference to an actuator with a damping ratio at the lower end of the expected range.
As an example Figure 4.10 shows the control unit open-loop response for the control unit
mounted at the centre of the 1.0 mm plate, for the case that the actuator suspension damp-
ing is varied between 0.1% to 100% while the natural frequency is ﬁxed at 55 Hz. As
discussed for the compensated blocked force responses in Fig.4.5, the results indicate that
the stability of the feedback loop is not signiﬁcantly affected by the variations in the sus-
pension damping. For damping ratios higher than 4% the compensator over compensates
the control unit response, while for damping ratios lower than 4% the response is under
compensated. However, as the compensation of the phase remains intact, the circle asso-
ciated with the ﬁrst response peak in the open-loop FRF is rotated towards the right-half
side of the Nyquist plot, so that the feedback control stability is improved in all observed
cases.
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Figure 4.10: Open-loop FRF for the control unit mounted at the centre of a 1.0 mm thick aluminium panel
with 62.5 Hz fundamental natural frequency; with matched 55 Hz compensation ﬁlter (solid) and for the
control unit with the actuator suspension damping ratio varied from 0.001 to 1 while the compensator is
ﬁxed to the nominal parameters (faint). Limiting values for a damping ratio of 0.001 (dashed) and for
damping ratio of 1 (dash − dotted).The Nyquist plot shows the open-loop FRF up to 120 Hz.
4.5 Actuator Stroke/Force saturation limits
As discussed in Chapter 3 one draw back of the proposed compensator design is the
ampliﬁcation at frequencies below the compensator design resonance frequency. As a
result the feedback signal may exceed the control actuator stroke/force saturation limits
[13]. Stroke saturation occurs when the stroke of the actuator proof-mass exceeds the
allowable linear limits, i.e. if the proof mass hits the end stops of the suspension. Force
33saturation occurs when the feedback current into the control actuator exceeds the allow-
able limits, in the worst case causing the voice coil to fuse. In this section this issue is
addressed by frequency domain analysis for the control unit steady-state response which
allows a general analysis of the problem. Future investigation of the feedback loop stabil-
ity and performance should also be conducted in the time domain to analyse the control
unit response to transient disturbances and for working conditions close to stroke/force
saturation.
As in section 4.3 the steady state control unit response is investigate for the case that the
control unit is mounted in the centre of the thin aluminium panel with a thickness of 1.0
mm as speciﬁed in Table 4.1, and a plane wave excitation with 1 Pa pressure amplitude at
incidence angels θ=45◦ and φ=45◦. Note that both the input current to the actuator and the
stroke of the proof-mass depend on the complex spatial characteristics of the disturbance
and also on the magnitude of the excitation.
4.5.1 Force saturation
The force saturation is investigated in terms of the electrical power dissipated in the con-
trol actuator. The electrical power can is given by Pe = ˜ Ia˜ I∗
aRe. The current input to the
voice coil is directly related to the base velocity of the control unit ˜ ˙ wc via the feedback
control law g ˜ C, such that
˜ Ia = −g ˜ C ˜ ˙ wc. (4.3)
With the elemental approach [4, 22] the velocity at the control point is given by
˜ ˙ wc =
(
1 + ˜ Yc ˜ Za
)−1
~ Yce~ Fe (4.4)
where ˜ Yc is the point mobility of the panel at the control point and ~ Yce is the matrix with
the point transfer functions from the centre points of the panel elements to the control
point and ~ Fe is the vector of the complex elemental excitation forces.
Figure 4.11 (a) shows the spectrum of the electrical power dissipated in the control actu-
34ator. Comparing the results for the compensated and uncompensated case for a feedback
gain of one, which in the uncompensated case guarantees a 6 dB gain margin, shows that
absorbed power around the two peaks at 46 Hz and 70 Hz are considerably lower for
the feedback loop with compensation. For increasing feedback gain the low frequency
ampliﬁcation due to the compensation ﬁlter is increasing and becomes the limiting factor.
Figure 4.11 (b) shows the total power dissipated by the control actuator. For a feedback
gain that guarantees optimal control performance the actuator would have to dissipate
88 Watt, which is clearly exceeding the nominal power of the practical control actuators
considered in this study. However, assuming that the control actuator can permanently
dissipate about 1 Watt of power, the maximum gains for an acoustic excitation of 91
dB (corresponding to 1 Pa pressure amplitude) would be about 5 which is one order of
magnitude lower than the feedback gain that would produce optimal damping. However,
according to Fig. 4.4 with a feedback gain of 5, an additional active broad band reduction
of 2.5 dB and total reductions of 7.9 dB overall reductions could be achieved.
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Figure 4.11: (a) Spectrum of the power dissipated in the control actuator and (b) total power dissipated
in the actuator integrated in the frequency range between 0.1 Hz and 1 kHz. Control unit without com-
pensation (thin − lines) and control unit with compensator (thick − lines).In (a): Results for the gains
that guarantees 6 dB gain margin (solid), for the gain that results in optimal reductions with compensation
(dashed); Results for a feedback gain of one (dash − dotted). In (b): Maximum stable gain (squares),
gains that guarantee a 6 dB gainmargin(circles), and gainthat results in optimal control with compensation
(diamond).
354.5.2 Stroke saturation
Thestrokeoftheproofmassis| ˜ wm2− ˜ wc|=1/(ω)| ˜ ˙ wm2− ˜ ˙ wc|, whereaccordingtothemodel
in Fig. 2.2, the complex velocity of the proof mass ˜ ˙ wm2 for a current driven actuator is
given by
˜ ˙ wm2 =
˜ Zs + g ˜ CΨ
˜ Zm2 + ˜ Zs
˜ ˙ wc (4.5)
and the complex velocity of the structure at the control position ˜ ˙ wc is given by Eqn. 4.4.
Figure 4.12(a) shows the stroke of the proof mass for open-loop control unit and for the
closed-loop control unit with and without compensator. The actuator proof mass has a
clearance of about ±1 mm. The maximum stroke of the proof-mass for the control unit
with compensator, when the feedback gain is set to the provide optimal control perfor-
mance, occurs at about 18 Hz and has a value of about 0.27 mm. This corresponds to
a margin of 11.3 dB. An acoustic plane wave of 1 Pa pressure amplitude corresponds to
and sound pressure level of about 91 dB this means the an acoustic excitation of with a
sound pressure level of 102.3 dB would drive the control unit in stroke saturation. The
maximum stroke for the control unit without compensator with 6 dB stable gain margin
occurs at about 46 Hz and has a value of 0.49 mm, which gives a gain margin of 6.2 dB.
This means an an acoustic excitation with a sound pressure level of 97.2 dB would drive
the control unit in stroke saturation, which is less than for the control unit with compen-
sator. The maximum stroke for the open-loop control unit also occurs at 46 Hz and has
a value of 0.24 mm, which gives a gain margin of 12.4 dB. This means an an acoustic
excitation with a sound pressure level of 103.4 dB would drive the control unit in stroke
saturation, even if there is no feedback actuation. This is predominantly due to the low
internal damping of the actuator.
Figure 4.12(b) shows the broad band RMS value of the actuator proof-mass stroke. The
results indicate that the control actuator would be limited by stroke saturation before the
feedback gain that guarantees optimal control performance is reached. However, the re-
sults indicate that higher feedback gains would be allowable with respect to stroke satu-
ration than with respect to Force saturation.
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Figure 4.12: Spectrum of the actuator proof-mass stroke (a) and broad band RMS of the control actuator
proof-mass stroke for the control unit without compensation (thin−lines) and with compensation (thick−
lines). In (a) Stroke of the proof mass for the open-loop control unit (thick−dotted), gains set to guarantee
a 6 dB gain margin (solid), gains set to guarantee optimal control performance (dashed), gains set to give
optimal control performance (dashed) and gain set to one (dash − dotted). In (b): Maximum stable gain
(squares), gains that guarantee a 6 dB gain margin (circles), and gain that results in optimal control with
compensation (diamond).
The frequency domain analysis for the control unit steady-state response highlights some
problems with Force/Stroke saturation of the control unit. In particular the low frequency
ampliﬁcationofthe feedbacksignal dueto thecompensatorcharacteristics limitsthe max-
imal allowable feedback gain. The simulations indicate that the force saturation, i.e. the
maximum power dissipated by the control unit sets the most stringent limit for the feed-
back gain. This problem could either be addressed by modifying the compensator design
parameter ωc and ζc or by implementing an command limiter or additional high pass ﬁlter
in the feedback controller as suggested by Lindner et al. [13]. Further work would be
necessary to expand and verify the results in this section. Also future studies should con-
sider time domain analysis of the feedback loop in order to estimate the system response
to transient excitations.
4.6 Compensator design optimisation
In the compensator FRF in Eqn. (3.2) the natural frequency and damping ratio parame-
ters are directly derived from the control unit SDOF mechanical model. However, design
frequency ωc and damping ratio ζc of the compensator can be chosen arbitrarily. It may
therefore be possible to further optimise the closed-loop control unit stability and perfor-
37mance by optimising these compensator design parameters. In this study the compensator
design frequency ωc/(2π)is varied between 1 Hz and 40 Hz the actuator and simultane-
ously the compensator damping ratio ζc is varied between 0.1 and 10. The results are
evaluated in terms of the maximum stable gain and the ratio δk0 for the OL-FRF when the
control unit is mounted at the centre of a 1.0 mm thick clamped panel with a fundamen-
tal resonance frequency of 62.5 Hz. The results in Figure 4.13 indicate that for optimal
performance the compensator design frequency should be chosen as low as possible. The
damping ratio should be chosen as high as possible.
5 10 15 20 25 30 35 40
10
0
10
1
10
2
10
3
10
4
10
5 (a)
Compensator design frequency [Hz]
M
a
x
i
m
u
m
 
s
t
a
b
l
e
 
g
a
i
n
5 10 15 20 25 30 35 40
10
0
10
1
10
2
10
3
10
4
10
5 (b)
Compensator design frequency [Hz]
δ
k
0
Figure 4.13: Maximum stable gain (a) and ratio k0 (b) for the sensor-actuator open-loop FRF for the con-
trol loop with compensator, when the compensator design frequency is varied between 1 Hz and 40 Hz and
simultaneously the compensator damping ratio is varied between 0.1 and 10. Traces along the original de-
sign with 10 Hz design frequency and a damping ratio of 1(faint+circles); trace along which the damping
ratio is 10 (solid); traces along which the damping ratio is 0.1 (dashed); intermediate combinations (dots).
However, considering the resulting ﬁlter characteristics in Figure 4.14 (a) indicates that
reducing the compensator design frequency below 10 Hz results in further increase in the
low frequency ampliﬁcation which is given by 20 × log10(ωa/ωc)2, hence a higher ratio
between the actuator natural frequency and the compensator design frequency leads to
higher ampliﬁcation at low frequencies and also increases the phase-lead for frequencies
above the actuator natural frequency, which would rotate the OL-FRF anti-clockwise to-
wards the left-half plane of the Nyquist plot. This may lead to (a) serious problems with
force and stroke saturation and (b) to poor phase stability around the actuator fundamental
resonance frequency. Alternatively, as shown in Figure 4.14 (b), increasing the compen-
sator damping ratio ζc above 100% results in an increased attenuation of the feedback
signal around the compensation frequency at 55 Hz. Also, with increasing damping ratio
38an increasing phase-lead is introduced below the compensation frequency and additional
phase-lead is introduced above the compensation frequency.
In the simulations in Fig. 4.13 these loss in phase margin around the actuator resonance
frequency does not inﬂuence the estimates of the maximum stable gain and the δk0 control
performance estimate, but lead to an increase in the control spill over. In practise the
reduction of the phase margin may be an issue if additional phase-lead and phase-lag of
the practical control loop instrumentation needs to be considered [15]. Therefore there is
a trade off between the allowable ampliﬁcation of the feedback signal at low frequencies
and the allowable phase-lead that is introduced. Further work would be necessary to
investigate optimal compensator design parameters ωc and ζc. Note that the ‘optimal’
design parameter for the compensator for a speciﬁc application may depend on both the
response of the control actuator and the response of the structure under control.
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Figure 4.14: Changes in Compensator FRF as function as (a) the compensator design frequency varies from
1 Hz to 40 Hz and (b) as the compensator damping ratio varies from 0.1 to 10. Original compensator design
with design frequency of 10 Hz and damping ratio of 1 (solid), minimum values for design frequency and
damping ratio (dashed), maximum values (dash − dotted), and for intermediate values (faint)
.
394.7 Inﬂuence of additional high-pass ﬁlter
As discussed in Chapter 3 one draw back of the proposed compensator design is the am-
pliﬁcation at frequencies below the compensator design frequency. This is problematic
since it results in the ampliﬁcation of low frequency noise which can have a detrimental
effect of the stability and performance of the control unit. One way of attenuating low
frequency noise is to introduce an additional high-pass ﬁlter (HP-ﬁlter) into the feedback
loop, however this is also introducing additional phase-lead into the system which affects
the OL-FRF. In practice HP-ﬁlters effects are unavoidable in the design of practical feed-
back control loops [15]. Particularly if acceleration sensors are used the integration ﬁlter
will have a HP-ﬁlter characteristic to remove the DC terms. In this study a second or-
der high-pass ﬁlter is considered such that the controller with compensator and high-pass
ﬁlter is given by
˜ CcHP = ˜ Cc
(iω)
2
(iω + ω1)
2 (4.6)
where ˜ Cc is the compensator FRF from Eqn. 3.2. The cut on frequency of the ﬁlter
is varied between 1 Hz and 70 Hz so that ω1 ranges from ω1 = ωa × 0.02 to ω1 =
omegaa × 1.27. The resulting Feedback controller FRF is shown in Figure 4.15.
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Figure 4.15: Compensator FRF without additional HP-ﬁlter (solid) and with second order HP-ﬁlter with
cut-off frequency of 10 Hz (dashed) and for a range of cut-off frequencies between 1 Hz and 70 Hz (faint).
40Figure 4.16 shows the predicted OL-FRF considering the effect of an additional second
order HP-ﬁlter. The dashed curve shows the predicted response for a second order HP-
ﬁlter with a 10 Hz corner frequency, which corresponds to the HP-ﬁlter that was imple-
mented in the experimental studies (B&K type 2635 charge ampliﬁer with integrator and
10 Hz HP-ﬁlter). The results indicate that the low pass ﬁlter has a detrimental effect on
the control stability. The frequency at which the actuator-sensor open-loop FRF crosses
the negative real axis is shifted towards higher frequencies as the cut-off frequency of the
HP-ﬁlter increases. For the case without HP-ﬁlter the stability frequency is 9.8 Hz and
with the 10 Hz HP-ﬁlter shifts up to 23.7 Hz. Also in the Nyquist plot circles associated
with the ﬁrst two resonant peaks in the sensor-actuator OL-FRF are rotated anti-clockwise
and hence towards and into the left-half plane of the Nyquist plot. Hence from a stability
point of few the cut-off frequency of an additional HP-ﬁlter should be set as low as possi-
ble. However in the case that the control performance is limited by force/stroke saturation
around compensator design frequency and or suffers from high levels of low frequency
noise, a higher cut-off frequency and hence higher attenuation of low frequency noise
could outweigh the loss in gain margin.
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Figure 4.16: Bode and Nyquist plot of the predicted sensor-actuator OL-FRF for the control unit on the 1.0
mm aluminium panel; without compensator (dash − dotted), with compensator (solid), with compensator
and additional HP-ﬁlter with corner frequency between 1 Hz and 70 Hz (faint), i.e. with 10 Hz HP-ﬁlter
(dashed).
ItcanbesummarisedthatanadditionalHP-ﬁltercanbeimplementedwithoutsigniﬁcantly
reducing the control stability, providing the corner frequency of the ﬁlter is set well be-
low the design frequency of the compensator. An optimal trade off will depend on many
factors and may therefore unique for any speciﬁc application. Note that in this study the
41compensator parameters regarding design frequency of 10 Hz and damping ratio (ζc=1)
were held constant, future work should be conducted to investigate the possibility to de-
vice an optimisation algorithm which allows to determine the parameters for an optimal
compensation ﬁlter FRF including effects of additional HP-ﬁlters.
The control performance of the feedback loop with additional second order HP-ﬁlter with
10 Hz cut-off frequency is assessed considering the same case as described in Section 4.3.
As discussed above the additional HP-ﬁlter shifts the stability frequency of the feedback
loop towards a higher frequency which results in lower control stability. As show in
Figure 4.17 this also has an considerable effect on the control performance. In the case
without HP-ﬁlter, shown in Figure 4.17, the feedback gain which guaranteed a 6 dB gain
margin was well above the feedback gain that guaranteed optimal control performance.
In the case with 10 Hz HP-ﬁlter considered here, these two gains are almost the same.
The maximum stable gain is reduced by a factor of three from 474 to 112. However,
the optimal feedback gain is only slightly reduced from 65 to 57 and the optimal total
reductionisreducedfrom11.4dBto11.1dB,whichisduetoanincreaseinlowfrequency
control spillover. This indicates that in the observed case the sacriﬁce in control stability
has only little effect on the achievable optimal control performance.
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Figure 4.17: Spectrum of the panel kinetic energy with and without control (a) and broadband chances
in panel kinetic energy in the frequency range between 0.1 Hz and 1 kHz (b). In (a): Results for the
panel without control unit attached (solid), with open-loop control unit attached (dotted), with closed-loop
control unit without compensator set to a feedback gain that guarantees a 6 dB gain margin (faint); control
unit with compensator and additional 10 Hz HP-ﬁlter set to a feedback gain that guarantees a 6 dB gain
margin (dashed). In (b): Control unit without compensation (faint) and control unit with compensation
(solid); maximum stable gains (squares), gains that guarantee a 6 dB gain margin (circles), and gain that
results in optimal control for the control unit with compensator (diamond).
42Figure 4.18 shows the predicted power dissipated in the control actuator when an addi-
tional HP-ﬁlter is included in the feedback loop. The results indicate that there in only
little improvement in the Force saturation limits compared to the result for the compen-
sated feedback loop without additional HP-ﬁlter shown in Figure 4.18. Compared to the
previous result the feedback gain that satisﬁes the nominal limitations of the control actu-
ator of 1 W is only slightly increased from 5.6 to 5.8.
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Figure 4.18: Spectrum of the power dissipated in the control actuator (a) and total power dissipated in the
actuator integrated in the frequency range between 0.1 Hz and 1 kHz (b). Control unit without compen-
sation (thin − lines) and control unit with compensator (thick − lines).In (a): Results for the gains that
guarantees 6 dB gain margin in the uncompensated case (faint), the results for the gain that results in
optimal reductions for the control unit with compensator with additional 10 Hz HP-ﬁlter (solid); Results
for a feedback gain of one (dashed−lines). In (b): Maximum stable gain (squares), gains that guarantee
a 6 dB gain margin (circles), and gain that results in optimal control with the control unit with compensator
(diamond).
Similarly the limitations posed by the stroke saturation shown in Figure 4.19 are very
similar to those without HP-ﬁlter shown in Figure 4.19. It can therefore be summaries
that the HP-ﬁlter has very little effect on the Stroke/Force saturation limitations on the
gain in the simulation studies. However, as will be discussed in Chapter 5, during the
experimental studies it was found to be vitally necessary to use an additional HP-ﬁlter
in order to avoid Stroke/Force saturation of the control actuator due to low frequency
measurement noise which is not present in the simulations. Both Figures 4.18 and 4.19
show the roll off below the 10 Hz cut-off frequency of the HP-ﬁlter which is vital for the
practical implementation.
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Figure 4.19: Stroke of the proof mass for the open-loop control unit (dotted), the closed-loop control unit
without compensation when the feedback gain is set to guarantee a 6dB gain margin (faint) and for the
control unit with compensator with additional 10 Hz HP-ﬁlter when the feedback gain is set to provides
optimal control performance (dashed).
44Chapter 5
Experimental studies
This chapter presents experimental results of open- and closed-loop measurements that
where conducted to verify the simulations in chapter 4. The measurements where con-
ducted using two experimental set-ups. First the control stability and performance was
studied for the case that the control unit is mounted at the centre of three thin clamped alu-
minium panels with different thickness, which corresponds to the simulations presented
in section 4. Good general agreement is found between the simulated and experimental
control characteristics.
Second the control stability and performance is studied on for the case that the control
unit is mounted at the tip of a cantilever beam. In this set-up the resonance frequency of
the ﬁrst beam bending mode was tuned to match the fundamental resonance frequency
of the control actuator. In this case the open-loop control unit acts as a passive vibration
absorber. It is demonstrated that with an appropriate compensation ﬁlter it is possible
to use the passive characteristics of the control unit actuator and additionally close the
feedback control loop to achieve further active control reductions. The beam set-up is
also used to demonstrate the feasibility of an control unit with and integrated low weight,
low cost Micro-Electro-Mechanical-System (MEMS) accelerometer. The results show
similar control stability and performance as the control unit with laboratory grade, high
cost piezoelectric accelerometer.
455.1 Control unit on plates
This section presents the experimental results on the control stability and control perfor-
mance of the control unit when mounted at the centre of three aluminium panels with a
thickness of 1.0 mm, 1.2 mm and 1.6 mm. The resonance frequency of the ﬁrst bending
modes are 62.5 Hz, 73 Hz and 100 Hz, respectively. This allows to compare the exper-
imental results with the simulations in Chapter C:Control stability and performance. As
shown in Figure 5.1 the plates are clamped in a aluminium frame which is mounted on top
of a solid perspex box. the inner dimensions of the aluminium frame are those speciﬁed
in Table 4.1. In this set-up the primary excitation is produced either via an loudspeaker
in the box or via an electrodynamic actuator mounted close to a corner of the panels. The
control unit sensor and actuator pair are mounted at the centre of the panels. For this
purpose B&K UA-0866 and UA-0867 mounting studs were glued onto the opposite sides
on the panels, which allowed to rigidly afﬁx the B&K type 4375-V accelerometer sensor
and control actuator. As shown in Figure 5.1 the accelerometer is mounted on the top of
the panel and the control actuator is mounted at the bottom.
Primary shaker
Loudspeaker
Control sensor (centre of panel)
Control actuator
Figure 5.1: Experimental set-up for measurements on plates.
465.1.1 Open-loop measurements on plates
For the experiments on the control unit sensor-actuator OL-FRF the panels are driven by
the control actuator only. The open-loop response function is measured between the ref-
erence signal and the output of the ’low power side’ of the feedback loop. The reference
signal is the voltage output of the analyser signal generator, which feeds into the LDS-
PA25E power ampliﬁer that drives the control actuator. In the case without compensation
the response signal is the voltage output from the B&K type 2635 charge ampliﬁer that in-
tegrates and conditions the output of the B&K type 4375-V accelerometer control sensor.
In the case with compensation the response signal is the voltage output of the feedback
compensator circuit which applies the desired feedback compensation.
In the open-loop studies two different control actuators with a fundamental resonance
frequency of approx. 50 Hz and approx. 55 Hz were used. Corresponding to that, two
different compensator circuits designed to compensate at 50 Hz and 55 Hz were used. The
open-loop measurements were conducted for all four combinations of actuators and com-
pensator in order to investigate the sensitivity to mismatch in the compensation frequency
andactualactuatorresonancefrequency. Furtherdetailsonthecompensatorcircuitboards
and their simulated and measured FRFs are given in Appendix C. Note that each of the
measurement was conducted both with and without additional 10 Hz HP-ﬁlter, which
was implemented with the B&K charge ampliﬁer. The results presented below are those
without additional HP-ﬁlter, i.e. when the B&K charge ampliﬁer integrator was set to 1
Hz. The effect of the additional 10 HP-ﬁlter was found to be similar for all experimental
conﬁgurations and is discussed in Section 5.1.1.
Figures 5.2 to 5.13 show the experimental results for the open-loop FRF measurements
on the three panels. Figures 5.2 to 5.7 show the results for the measurements using the
control actuator with 50 Hz fundamental resonance frequency and Figures 5.8 to 5.13
show the results for the measurements using the control actuator with 55 Hz fundamental
resonance frequency. Focusing on the results for the control unit with 50 Hz actuator ﬁrst,
Figures 5.2 to 5.4 show the measured open-loop FRF for the feedback loop without com-
pensation (dashed) and with compensation. The results with compensation are those for
the feedback loop with matched 50 Hz compensator (solid) and those with miss matched
55 Hz compensator (faint).
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Figure 5.2: Bode and Nyquist plot of the measured OL-FRF on the 1.0 mm thick aluminium plate us-
ing an actuator with a resonance frequency of approx 50 Hz; without compensator (dashed) with 50 Hz
compensator (solid) and with 55 Hz compensator (faint); frequency range 20 Hz to 25.6 kHz.
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Figure 5.3: Bode and Nyquist plot of the measured OL-FRF on the 1.2 mm thick aluminium panel us-
ing an actuator with a resonance frequency of approx 50 Hz; without compensator (dashed) with 50 Hz
compensator (solid) and with 55 Hz compensator (faint); frequency range 20 Hz to 25.6 kHz.
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Figure 5.4: Bode and Nyquist plot of the measured OL-FRF on the 1.6 mm thick aluminium panel us-
ing an actuator with a resonance frequency of approx 50 Hz; without compensator (dashed) with 50 Hz
compensator (solid) and with 55 Hz compensator (faint); frequency range 20 Hz to 25.6 kHz.
48Considering the uncompensated cases it can be seen from Figures 5.2 to 5.4 that the open-
loop stability is increasing with increasing panel thickness, as predicted in the simulations
in Figures 4.1 to 4.3. This is due due to the ratio between the ﬁrst panel resonance fre-
quency and the control actuator fundamental resonance frequency, which increases as the
panel thickness increases.
For all panels, at low frequencies the magnitude of the OL-FRF is characterised by two
peaks due to the combined response of the control actuator and the panels. The ﬁrst peak
is dominated by the actuator response and has a negative real part, hence producing a
circle in the left-half plane of the Nyquist plot. The second peak is dominated by the
resonant response of the ﬁrst bending modes of the panels and have a positive real part,
hence producing circles in the hight-half plane of the Nyquist plot. For all panels, above
the frequency at which the OL-FRF crosses the negative real axis, due to the actuator
response, the phase remains in-between -180◦ and -540◦ up to 18 kHz. Hence all response
peaksintheOL-FRFupto18kHzformstablecirclesintherighthalf-planeoftheNyquist
plot. At about 18 kHz the magnitude of the OL-FRFs show a peak which is either due to
the internal resonance of the accelerometer sensor or due to the mounting resonance of
the control actuator, which is attached via a Nylon nut. Around that resonance frequency
the phase of the OL-FRF drops below -540◦ and therefore produces conditionally stable
circles in the left-half plane of the Nyquist plot. However, since the magnitude of the OL-
FRF in this frequency range is signiﬁcantly lower than that around the actuator and panel
fundamental resonance frequencies, this high frequency circles are only of secondary
importance in the stability analysis.
For better illustration of the feedback compensation at low frequencies Figs. 5.5 to 5.7
zoom into the frequency from 20 Hz to 120 Hz, where the lower frequency limit was
chosen due to bad coherence for frequencies below 20 Hz. Considering ﬁrst the result
for the feedback loop with matched 50 Hz compensator in Figures 5.5 to 5.7, it can be
seen that signiﬁcant improvement in the control stability is achieved on all panels. As
discussed in Chapter 4 the frequency at which the OL-FRF is crossing the negative real
axis is shifted down in frequency towards the compensator design frequency at 10 Hz
and therefore the ﬁrst circle in the OL-FRF, due to the actuator blocked force response is
rotated clockwise towards the right-half plane of the Nyquist plot.
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Figure 5.5: Bode and Nyquist plot of the measured OL-FRF on the 1.0 mm thick aluminium panel us-
ing an actuator with a resonance frequency of approx 50 Hz; without compensator (dashed) with 50 Hz
compensator (solid) and with 55 Hz compensator (faint); frequency range 20 Hz to 120 Hz.
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Figure 5.6: Bode and Nyquist plot of the measured OL-FRF on the 1.2 mm thick aluminium panel us-
ing an actuator with a resonance frequency of approx 50 Hz; without compensator (dashed) with 50 Hz
compensator (solid) and with 55 Hz compensator (faint); frequency range 20 Hz to 120 Hz.
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Figure 5.7: Bode and Nyquist plot of the measured OL-FRF on the 1.6 mm thick aluminium panel us-
ing an actuator with a resonance frequency of approx 50 Hz; without compensator (dashed) with 50 Hz
compensator (solid) and with 55 Hz compensator (faint); frequency range 20 Hz to 120 Hz.
50For the 1.6 mm panel the magnitude and phase of the OL-FRF around the actuator fun-
damental resonance at 50 Hz is almost perfectly smooth, while with decreasing panel
thickness the phase of the OL-FRF around that frequency shows a peak followed by a
dip. This is because the for the 1.6 mm panel the passive response of the control actuator
has no signiﬁcant inﬂuence on the resulting overall response, however, as the panel thick-
ness decreases the interaction between the passive control actuator response and the panel
signiﬁcantly affects the overall coupled response of the system.
The results for the feedback loops with mismatched 55 Hz compensator show that also for
this conﬁguration the control stability is signiﬁcantly increased in all cases, although the
improvement tends to be less then for the results with matched compensator. It is inter-
esting to note that for the 1.2 mm and the 1.6 mm panels in Figs. 5.6 and 5.7 the response
aroundtheﬁrstresponsepeak, whichispredominantlyduetotheactuatordynamicsforms
a small circle in the right-half plane of the Nyquist plot. This corresponds well to the sim-
ulations for mismatched actuator and compensator FRFs in Figs 4.2 and 4.3 for the cases
that the actuator fundamental resonance is below the compensation frequency.
As shown in Figs 5.2 to 5.4, the high frequency parts of the OL-FRFs with compensation
well above the compensation frequency is almost identical to the measured OL-FRFs
without compensation. This is expected since above the compensation frequency the
magnitude and phase of the compensator circuit FRF convergesto one and 0◦ respectively.
Focusing on the results for the control unit with 55 Hz actuator in Figures 5.8 to 5.10
it can be seen that as before, in the uncompensated the open-loop stability is increasing
with increasing panel thickness. However, the circles on the left-half plane tend to be
slightly larger than those measured with the 50 Hz actuator. This is because the actuator
resonance is 5 Hz higher, and hence the ratio between the ﬁrst panel resonance frequency
and the actuator resonance frequency is reduced. This effect is most pronounced for the
measurements on the 1.0 mm panel and decreasingly signiﬁcant with increasing panel
thickness. This is because the change in the frequency ratio is more signiﬁcant in for the
thinner panels with lower ﬁrst resonance frequency. However, for frequencies well above
the actuator and ﬁrst panel resonance frequencies the OL-FRFs for both the actuator with
55 Hz and 50 Hz fundamental resonance frequency show very similar characteristics.
51Again, for better illustration Figs. 5.11 to 5.13 zoom into the frequency from 20 Hz to 120
Hz. Considering ﬁrst the result for the feedback loop with matched 55 Hz compensator,
shows a signiﬁcant improvement in the control stability on all panels. The magnitude and
phase of the OL-FRF around the actuator fundamental resonance at 55 Hz on the 1.6 mm
panel in Figure 5.13 is not as smooth as in the case of the 50 Hz actuator in Figure 5.13.
This could be explained by the higher resonance frequency of the control actuator which
results in more signiﬁcant effects of the actuator dynamic on the overall passive system
response. Slight mismatches between the actuator blocked force and the compensator
FRF may also have an effect.
The results for the feedback loops with mismatched 50 Hz compensator show that also for
this conﬁguration the control stability is signiﬁcantly increased on all panels. However,
the improvement tends to be less then for the results with matched compensator and in the
case of the 1.2 and 1.6 mm panel there is an increase in phase around the compensation
frequency at 50 Hz. For both the 1.2 and the 1.6 mm panel in Figures 5.12 5.13 response
around the ﬁrst response peak, which is predominantly due to the actuator response, form
a small circle in the left-half plane of the Nyquist plot. This corresponds well to the
simulations in Figures 4.2 and 4.3 for the cases that the actuator fundamental resonance
falls above the compensation frequency. This results in a considerably lower control
stability of the feedback loop compared to the case of with matched compensation.
Overall the experimental studies on the OL-FRFs verify the results from the simulation
studies in on the control loop stability and compensation robustness in Chapter4. Sig-
niﬁcant improvements of the control stability were observed for all experimental cases
considered in this study. It was also veriﬁed that the sensitivity of the compensation to
mismatch between actuator blocked force FRF and compensator FRF increases for in-
creasing panel thickness, i.e. for increasing ratios between the panel ﬁrst bending mode
resonance frequency and the actuator fundamental resonance frequency. It was also ver-
iﬁed that if variability in the actuator resonance frequency needs to be considered it is
beneﬁcial to design an compensator with a compensation frequency at the upper end of
the expected range of actuator natural resonance frequencies.
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Figure 5.8: Bode and Nyquist plot of the measured OL-FRF on the 1.0 mm thick aluminium panel us-
ing an actuator with a resonance frequency of approx 55 Hz; without compensator (dashed) with 50 Hz
compensator (solid) and with 55 Hz compensator (faint); frequency range 20 Hz to 25.6 kHz.
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Figure 5.9: Bode and Nyquist plot of the measured OL-FRF on the 1.2 mm thick aluminium panel us-
ing an actuator with a resonance frequency of approx 55 Hz; without compensator (dashed) with 50 Hz
compensator (solid) and with 55 Hz compensator (faint); frequency range 20 Hz to 25.6 kHz.
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Figure 5.10: Bode and Nyquist plot of the measured OL-FRF on the 1.6 mm thick aluminium panel us-
ing an actuator with a resonance frequency of approx 55 Hz; without compensator (dashed) with 50 Hz
compensator (solid) and with 55 Hz compensator (faint); frequency range 20 Hz to 25.6 kHz.
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Figure 5.11: Bode and Nyquist plot of the measured OL-FRF on the 1.0 mm thick aluminium panel us-
ing an actuator with a resonance frequency of approx 55 Hz; without compensator (dashed) with 50 Hz
compensator (solid) and with 55 Hz compensator (faint); frequency range 20 Hz to 120 Hz.
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Figure 5.12: Bode and Nyquist plot of the measured OL-FRF on the 1.2 mm thick aluminium panel us-
ing an actuator with a resonance frequency of approx 55 Hz; without compensator (dashed) with 50 Hz
compensator (solid) and with 55 Hz compensator (faint); frequency range 20 Hz to 120 Hz.
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Figure 5.13: Bode and Nyquist plot of the measured OL-FRF on the 1.6 mm thick aluminium panel us-
ing an actuator with a resonance frequency of approx 55 Hz; without compensator (dashed) with 50 Hz
compensator (solid) and with 55 Hz compensator (faint); frequency range 20 Hz to 120 Hz.
54Effect of additional HP-ﬁlter on experimental results
As discussed in Section 4.7 the 10 Hz HP-ﬁlter has an detrimental effect on the com-
pensator performance. However, for the closed-loop measurements on all panels it was
necessary to use a HP-ﬁlter in order to counteract the ampliﬁcation of low frequency noise
produced by the compensator circuits. Figure 5.14 shows the effect of an additional 10 Hz
HP-ﬁlter (implemented with the B&K charge ampliﬁer) on the sensor-actuator OL-FRF
for the control unit with 50 Hz actuator mounted on the 1.0 mm panel. The experimental
results show the same characteristics as the simulations in presented in Section 4.7. Com-
pared to the case without HP-ﬁlter the stability frequency at which the sensor-actuator
OL-FRF crosses the negative real axis is shifted towards higher frequencies. Also in the
Nyquist plot the circles associated with the ﬁrst two resonant peaks in the sensor-actuator
open-loopFRFarerotatedanti-clockwiseandhencetowardsleft-halfplaneoftheNyquist
plot.
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Figure 5.14: Bode and Nyquist plot of the measured OL-FRF on the 1.0 mm thick aluminium panel using
an actuator with a resonance frequency of 50 Hz with compensator with 50 Hz compensator (thick) and
with 55 Hz compensator (faint); measurements without 10Hz HP-ﬁlter (solid), measurements with 10 Hz
HP-ﬁlter (dashed); frequency range 20 Hz to 100 Hz.
5.1.2 Closed loop measurements on panels
This section presents the results from experimental studies on the closed-loop response
and control reductions measured on the three thin aluminium panels. The experimental
set-up is identical to that shown in Figure 5.1. For the closed-loop measurements the
panels were either excite via a loudspeaker or by an LDS V201 primary electrodynamic
shaker. The results presented are those measured at the control point location. Results
55of supplementary closed-loop measurements with additional monitor position on the 1.0
mm panel are presented in Appendix A. For all panels the closed-loop measurements
were conducted using the 50 Hz actuator and the 50 Hz compensator. For the 1.0 mm
panel closed-loop measurements were also conducted using the 55 Hz actuator and 55 Hz
compensator, for which the results are also presented in Appendix A.
All closed-loop measurements on the panels were conducted using a 10 Hz HP-ﬁlter
(implemented with the B&K 2635 charge ampliﬁer). No systematic measurements with-
out compensator where carried out because the open-loop measurements showed that the
control loops without compensator are only marginally stable. Attempts to measure the
closed-loop response without additional HP-ﬁlter showed, that the control loops were
very sensitive to low frequency background noise, which for frequencies below 10 Hz is
ampliﬁed by about 28 dB by the compensation ﬁlter.
For the loudspeaker excitation the panel response is normalised to the input voltage to
the loudspeaker which is located inside the perspex box. This means that the measured
velocity response is colourised by the transfer function between loudspeaker input voltage
and its acoustic output and also by the characteristics of the acoustic ﬁeld inside the box.
Note that for this set of experimentsthe revision windowof the perspex box was kept open
for both the experiments with acoustic and with mechanical excitation. Experiments with
the 1.0 mm panel under loudspeaker excitation, for which the perspex box was sealed, are
presented in Appendix A. Sealing the box has two effects (a) the ﬁrst natural frequency
of the 1.0 mm panel shifts from 62.5 Hz to about 78 Hz and (b) the response of the panel
is more clearly dominated by the non-zero net volume velocity modes.
For the shaker excitation the panel response is normalised to the output of the ENDEVCO
model 2312 force gauge which couples the shaker to the panels. The mounting location
of the shaker is close to the corner of the panels at the x,y coordinates 342 mm, 257 mm.
Note that the results have not been corrected for the mounting mass impedance below the
force gauge, which may effect the results at high frequencies.
Figures 5.15 to 5.20 show the panel response at the control point with open- and closed-
loop control unit for the 1.0 mm, the 1.2 mm and 1.6 mm panel respectively; for (a)
the loudspeaker excitation and (b) the shaker excitation. Figures 5.15 to 5.17 present the
results in the frequency range between 0 Hz and 500 Hz on a linear frequency scale, which
56allows to assess the overall broad band control performance and also allows a comparison
betweendistributedacousticand mechanical pointexcitation. Figures 5.18 to 5.20 present
theresultsinthefrequencyrangebetween10Hzand200Hzonalogarithmicscale, which
allows to focus on the passive effects of the open-loop control unit and the control spill
over effects of the closed-loop control unit around the actuator fundamental resonance
frequency and the ﬁrst panel natural resonance frequencies. Figures 5.21 to 5.23 show
the overall changes in the control point responses on the three panels in the frequency
range between 0 Hz and 500 Hz, depending on the gain setting applied to the LDS PA25E
power ampliﬁer that was used to drive the control actuator.
Comparing the results for the loudspeaker and shaker excitation in Figs. 5.15 to 5.17, it
can be seen that in the case of shaker excitation many more modes are efﬁciently excited
than for the loudspeaker excitation. This is because the location of the shaker close to the
edge allows to efﬁciently excite all low order structural modes of the panels. However,
due to the location of the control unit at the centre of the panels only ‘odd’ order modes
are well observed. For the loudspeaker excitation the ‘even’ panel modes with zero net-
volume displacement are not efﬁciently excited also the measured velocity response is
colourised by the characteristics of the loudspeaker and that of the perspex box acoustic
cavity. However, in general low order ‘odd’ panel modes are efﬁciently excited by the
loudspeaker and also well observable at the control position at the centres of the panels.
Concentrating on the panel responses with open-loop control unit for the 1.0 mm panel in
Figure 5.15 and 5.18 it can be seen that the close proximity of the actuator fundamental
resonance frequency and the panel ﬁrst resonance frequency causes the open-loop control
unit to act as a tuned vibration absorber. Compared to the response without control unit,
this results in a double peak at low frequencies, one just above the initial panel resonance
frequency(thepanelresonancefrequencywithaddedactuatormountingmasswouldactu-
ally be lower than the resonance frequency of the plain panel) and one below the actuator
fundamental resonance frequency. Considerable reductions are therefore achieved by the
passive effects of the open-loop control unit. Comparing this to the results for the 1.2 mm
and 1.6 mm panel in Figures 5.19 5.20 it can be seen that as the panel thickness increases,
i.e. as the frequency ratio between the ﬁrst panel resonance frequency and the actuator
fundamental resonance frequency increases (and the mass ratios increase), the passive
effect of the control unit disappears.
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Figure 5.15: Control point velocity response on the 1.0 mm panel for (a) loudspeaker excitation and (b)
shaker excitation, using an actuator with a resonance frequency of approx 50 Hz; without control unit
(thick − solid), with open-loop control unit (thick − dashed), with closed-loop control unit with succes-
sively increasing feedback gain (faint); frequency range 10 Hz to 500 Hz.
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Figure 5.16: Control point velocity response on the 1.2 mm panel for (a) loudspeaker excitation and (b)
shaker excitation, using an actuator with a resonance frequency of approx 50 Hz; without control unit
(thick − solid), with open-loop control unit (thick − dashed), with closed-loop control unit with succes-
sively increasing feedback gain (faint); frequency range 10 Hz to 500 Hz.
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Figure 5.17: Control point velocity response on the 1.6 mm panel for (a) loudspeaker excitation and (b)
shaker excitation, using an actuator with a resonance frequency of approx 50 Hz; without control unit
(thick − solid), with open-loop control unit (thick − dashed), with closed-loop control unit with succes-
sively increasing feedback gain (faint); frequency range 10 Hz to 500 Hz.
58This effect can also be observed in the resulting overall changes in the panel responses
in Figures 5.21 to 5.23, where a gain of zero corresponds to the case of an open-loop
control unit. As shown in Figure 5.21 2 dB reductions are achieved by the mounting the
open-loop control unit to the 1.0 mm panel. In contrast, the dynamics of the open-loop
control unit barely affect the overall response of the 1.6 mm panel in Fig. 5.21.
Considering the cases with closed-loop control unit Figures 5.15 to 5.17 shows that in-
dependent from the panel thickness and type of the excitation, considerable reductions
are achieved for the response of all low order modes which can be observed at the con-
trol position. As shown in Figures 5.15 to 5.17 for increasing feedback gains the control
units produce an increasing amount of low frequency control spillover. The results for the
1.0 mm panel in Figure 5.18, allow a more differentiated observation of the control spill
over. It can be seen that there is a difference in the behaviour of the two low frequency
peaks which occur as a result of the coupled responses of the open-loop control unit an
the panel. The second peak is dominated by the ﬁrst panel resonant mode and hence is
increasingly damped with increasing feedback gain. The ﬁrst peak in dominated by the
fundamental resonance of the control actuator. For increasing feedback gain this peak
which shifts down in frequency towards the instability frequency (the frequency at which
the OL-FRF crosses the negative real axis). It is interesting to note that the magnitude of
this peak is initially reduced by the damping effects produced by the feedback loop, but
for further increase in feedback gain, as the peak approaches the instability frequency at
about 24 Hz, the magnitude increases and starts to dominate the overall response.
Considering the overall reductions in the frequency range from 0 to 500 Hz in Figures
5.21 to 5.23 it can be summarised that relatively similar overall reductions are achieved
the for the loudspeaker and shaker excitation, except for the 1.2 mm panel. Differences
between the resulting changes depend partly how efﬁciently speciﬁc modes are excited
by the two different types of excitation, i.e. which modes dominate the spectra; and
partly on how efﬁciently these modes can be controlled at the control position. For shaker
excitation more than 10 dB total reductions are achieved for the 1.0 mm and 1.2 mm panel
and almost 8 dB for the 1.6 mm panel. For loudspeaker excitation more then 10 dB total
reduction is achieved on the 1.0 mm panel, 7 dB on the 1.2 mm panel and 9 dB on the 1.6
mm panel.
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Figure 5.18: Control point velocity response on the 1.0 mm panel for (a) loudspeaker excitation and (b)
shaker excitation, using an actuator with a resonance frequency of approx 50 Hz; without control unit
(thick − solid), with open-loop control unit (thick − dashed), with closed-loop control unit with succes-
sively increasing feedback gain (faint); frequency range 10 Hz to 200 Hz.
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Figure 5.19: Control point velocity response on the 1.2 mm panel for (a) loudspeaker excitation and (b)
shaker excitation, using an actuator with a resonance frequency of approx 50 Hz; without control unit
(thick − solid), with open-loop control unit (thick − dashed), with closed-loop control unit with succes-
sively increasing feedback gain (faint); frequency range 10 Hz to 200 Hz.
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Figure 5.20: Control point velocity response on the 1.6 mm panel for (a) loudspeaker excitation and (b)
shaker excitation, using an actuator with a resonance frequency of approx 50 Hz; without control unit
(thick − solid), with open-loop control unit (thick − dashed), with closed-loop control unit with succes-
sively increasing feedback gain (faint); frequency range 10 Hz to 200 Hz.
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Figure 5.21: Changes in the control point velocity on the 1.0 mm panel for loudspeaker excitation (circles)
and shaker excitation (squares) in the frequency range from 0 Hz to 500 Hz.
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Figure 5.22: Changes in the control point velocity on the 1.2 mm panel for loudspeaker excitation (circles)
and shaker excitation (squares) in the frequency range from 0 Hz to 500 Hz.
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Figure 5.23: Changes in the control point velocity on the 1.6 mm panel for loudspeaker excitation (circles)
and shaker excitation (squares) in the frequency range from 0 Hz to 500 Hz.
61The maximum gain that was implemented in each case depended on the observed be-
haviour of the feedback loop and the quality of the measured responses. In general mea-
surements with high feedback gain and hence high control spillover were more sensitive
to background noise then measurements with low feedback gains. In preliminary tests
control units for which high feedback gains were implemented had failed during the ex-
periment. From a practical point of view it should be noted that in those cases the control
actuator did not fail due to electrical overload of the voice coil but due to a mechanical
failure of the voice coil arrangement, which as discussed in Chapter 2 is very fragile. This
is a design limitation that could be easily overcome by mechanically reinforcing the voice
coil. Also for high feedback gains the actuator proof mass was occasionally hitting the
actuator casing. This could be overcome by slightly increasing the allowable stroke of the
actuator proof-mass.
5.2 Control unit on a beam
This section presents the experimental results on the control stability and control perfor-
mance of the control unit when mounted at the tip of an cantilever beam, as shown in
Figure 5.24. The beam is 175 mm long, 25 mm wide and 3 mm thick, with a total weight
of about 35 gram. The experimental set-up is designed such that the resonance frequency
of the ﬁrst bending mode of the cantilever beam occurs at approximately the same fre-
quency as the mechanical resonance of the control actuator. In such a conﬁguration the
open-loop control unit acts as an tuned vibration absorber. For the experimental studies
on the beam two control feedback loop conﬁgurations are investigated, ﬁrst a feedback
loop with an B&K accelerometer sensor mounted on the tip of the beam opposite the con-
trol actuator, and second a feedback loop with an MEMS accelerometer, which is directly
integrated with the control actuator to form a self contained control unit.
As shown in Figure 5.24, one end of the beam is clamped in a frame while the other end is
free. Changing the cantilevered length of the beam allows to tune the resonance frequency
to the desired value. The beam is driven by an electrodynamic shaker with the voice coil
rigidly coupled to the beam via an PCB 208C01 force gauge. The beam fundamental
resonance frequency with primary actuator, force gauge and B&K accelerometer mounted
62at the tip of the beam is about 55 Hz. When a lumped mass, equivalent to the actuator
mounting mass (Actuator total mass minus actuator proof mass) is added to the free tip of
the beam, the fundamental resonance shifts to about 50 Hz, which is close to the actuator
fundamental resonance frequency of about 51 Hz. Both, the B&K 4375-V accelerometer
and the control actuator are mounted to the end of the beam via B&K UA-0866 UA-0866
mounting studs, which were glued onto the top and bottom of the beam. Both the 50
Hz and the 55 Hz compensator were considered, hence measurements were conducted
for all four combinations of control sensor and compensator. Each measurement was
conducted both with and without additional HP-ﬁlters, which for the B&K accelerometer
was implemented on the B&K charge ampliﬁer and for the MEMS accelerometer was
implemented by an separate HP-ﬁlter circuit board.
Primary shaker
B&K accelerometer
Control actuator
MEMS accelerometer
Figure 5.24: Experimental set-up for measurements on a beam.
5.2.1 Control loop with B&K accelerometer sensor
Figure 5.25 shows the open-loop FRF of the control unit with B&K type 4375V ac-
celerometer sensor when mounted at the tip of the cantilever beam as described above.
The OL-FRF without compensation ﬁlter indicates a very poor feedback control stability.
Infactthecircleintheleft-halfplaneoftheNyquistplotislargerthenthebiggestcircleon
the right-half plane. This is because the ﬁrst beam resonance frequency coincides with the
fundamental resonance frequency of the control actuator. The small loop within the ﬁrst
circle is assumed to be due to torsional motion of the beam which may be excited due to
non perfect perpendicular alignment of the control actuator with respect beam horizontal
axis.
63For the cases with compensation both the 50 Hz and the 55 Hz compensator considerably
improve the control stability, however, as expected the 50 Hz compensator gives a better
performance than the 55 Hz compensator because it provides a better matched to the
actuator blocked force FRF. Note that all results shown in Figure 5.25 are those with the
charge ampliﬁer HP-ﬁlter set to 1 Hz.
Figure 5.26 shows the same open-loop results as Figure 5.25 but for a more limited fre-
quency range from 10 Hz to 185 Hz, which allows to observe the low frequency behaviour
more clearly. In addition Figure 5.26 also shows the results for the open-loop stability
with the charge ampliﬁer HP-ﬁlter set to 10 Hz. The results with HP-ﬁlter show the same
characteristics as those observed for the OL-FRF measurements on the panels, which is
to shift the frequency at which the sensor-actuator OL-FRF crosses the negative real axis
towards higher frequencies and hence reduces the control stability, while at the same time
attenuating the magnitude of the open-loop response below 10 Hz (which is out side the
frequency range shown in Figs. Figure 5.25 and 5.26).
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Figure 5.25: Bode and Nyquist plot of the measured OL-FRF on the beam using the B&K sensor, without
compensator (dashed) with 50 Hz compensator (thick−red) and with 55 Hz compensator (faint−blue);
frequency range 10 Hz to 25.6 kHz.
The closed-loop measurements on the beam were conducted using the 50 Hz compensator
circuit which gave the best match to the control actuator response. For the beam it was
also possible to close the feedback loop without the 10 Hz HP-ﬁlter and both sets of
results are presented. The spectrum of the velocity at the tip of the beam, due to a primary
force introduced by the shaker is shown in Figures 5.27 and 5.28, where Figure 5.27
focuses on the frequency range between 10 Hz and 150 Hz around the beam fundamental
64resonance to demonstrate the low frequency behaviour more clearly and Fig. 5.28 shows
the response at the tip of the beam on a linear scale for the frequency range between 0 Hz
and 500 Hz for a better assessment of the overall response of the beam.
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Figure 5.26: Bode and Nyquist plot of the measured OL-FRF on the beam using the B&K sensor, without
compensator (dashed) with 50 Hz compensator (thick − red) and with 55 Hz compensator (faint −
blue); measurements without 10Hz HP-ﬁlter (solid), measurements with 10 Hz HP-ﬁlter (dash − dotted);
frequency range 10 Hz to 185 Hz.
Figures 5.27 (a) and 5.28 (a) are the results for the case that the B&K charge ampliﬁer
was operated with a 10 Hz HP-ﬁlter setting and Figs. 5.27 (b) and 5.28 (b) show the
results where no additional HP-ﬁlter was used in the feedback loop. The solid line in
those Figs. shows the response of the beam with mounted accelerometer alone. The
dotted line shows the response before the actuator is mounted on the beam, but with the
accelerometer and an additional weight equal to that of the actuator casing on the end.
The beam was designed so that this arrangement had a ﬁrst natural frequency of about 50
Hz, which is the same as the natural frequency of the control actuator. The thick-dashed
line shows the measured velocity spectrum when the undriven open-loop actuator was
mounted on the beam. It can be clearly seen that the passive dynamics of the actuator
acts as a tuned mass damper, which splits the resonance due to the ﬁrst mode of the beam
and generates a null at 50 Hz instead of a resonance. The two new resonances in the
response, at about 35 Hz and 74 Hz, where the 35 Hz peak belongs to a resonance which
is dominated by the actuator and the 74 Hz peak belongs to a resonance dominated by the
beam dynamics. Both peaks have a lower level of peak velocity than the response of the
beam alone, due to the mechanical damping inherent in the actuator.
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Figure 5.27: Control point velocity response on the beam per unit excitation for control loop with B&K
sensor; Beam without control unit (solid − black), beam with lumped mass equivalent to weight of the
control unit base (dotted), beam with open-loop control unit (thick − dashed − red), beam with closed-
loop control unit with successively increasing feedback gain (faint−blue); frequency range 10 Hz to 150
Hz.
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Figure 5.28: Control point velocity response on the beam per unit excitation for control loop with B&K
sensor; Beam without control unit (solid − black), beam with lumped mass equivalent to weight of the
control unit base (dotted), beam with open-loop control unit (thick − dashed − red), beam with closed-
loop control unit with successively increasing feedback gain (faint−blue); frequency range 10 Hz to 500
Hz.
Figure5.29showstheresultsfortheoverallchangesinthebeamresponseinthefrequency
range between 0 Hz and 500 Hz with respect to the gain settings of the LDS PA25E
power ampliﬁer that was used to drive the control unit. In this ﬁgure a gain setting of zero
corresponds to the cases with a base mass equivalent weight and that with the open-loop
control unit. The results show that the overall beam response is reduced by 7.4 dB due to
the passive response of the open-loop actuator alone.
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Figure 5.29: Changes in the control point velocity on the beam per unit excitation; control loop with 10 Hz
HP-ﬁlter (circles), control loop without 10 Hz HP-ﬁlter (squares).
The faint lines in Figs. 5.27 and 5.28 show the beam response when the feedback loop is
close with increasing feedback gains. The results show that with an appropriate compen-
sator the feedback loop can be closed an further control reductions can be achieved. With
increasing feedback gain the ﬁrst resonance peak in the beam response is shifted towards
lower frequencies. For low feedback gains the magnitude of the response is reduced,
while for further increase in feedback gain the magnitude increases as the frequency of
the peak approaches the instability frequency of the feedback loop. The second resonance
peak which is dominated by the beam dynamics does not shift in frequency an is increas-
ingly damped as the feedback gain is increased. The results in Figure 5.29 show that with
closed feedback loop the overall response at the tip of the beam can be reduced by addi-
tional 5.5 dB and 6 dB to give a overall reduction of 12.9 dB and 13.5 dB for gains settings
of 6. For ampliﬁer gain settings above 6 the measurements showed poor coherence and
became increasingly susceptible to background noise distortions.
The comparison between the measurement results with and without 10 Hz HP ﬁlter in
Figures Figures 5.27 (a) and (b) show that in general higher feedback control performance
can be achieved without the additional HP-ﬁlter. For the case without additional HP-ﬁlter
in Figure 5.27 (b) the instability frequency is considerably lower than in the case with
HP-ﬁlter, hence for the range of feedback gains observed here, the magnitude of the ﬁrst
response peak due to the actuator dynamics keeps on reducing as the feedback gains are
increased. Also in terms of the overall changes in Fig. 5.29 the feedback control loop
without HP-ﬁlter slightly outperforms the feedback loop with HP-ﬁltering. However,
for increasing feedback gains the feedback loop without HP-ﬁlter became more strongly
67distortedbylowfrequencynoise. AsindicatedinFigure5.29, itwasthereforenotpossible
to apply feedback gains settings higher than 7. The feedback loop with HP-ﬁlter in Figure
5.27 (a) has a lower gain margin and produces higher control spillover but was found to
be less susceptible to low frequency noise. As indicated in Figure 5.29, it was therefore
possible to implement feedback gains up to an ampliﬁer setting of 8, which however did
not yield any further overall reductions since the beam response for gain settings higher
then 6 are dominated by the control spillover associated with the growing ﬁrst response
peak.
It can be summarised that the open-loop passive actuator acts as an tuned vibration ab-
sorber and signiﬁcantly reduces the response of the beam. With an appropriate com-
pensator the feedback loop can be closed and further reductions can be achieved. With
increasing feedback gain the ﬁrst resonance peak in the beam response is shifted towards
lowerfrequencies. Forlowfeedbackgainsthemagnitude ofthis response peakis reduced,
for further increase in feedback gain the magnitude of the peak increases as its frequency
approaches instability frequency of the feedback loop. The results for the feedback loop
without HP-ﬁlter demonstrated that in principle better control stability and performance
would be achievable without HP-ﬁltering. However, in the experiments it was not possi-
ble to implement as high feedback gains for the feedback loop with HP-ﬁlter due to low
frequency noise disturbances. This indicates that there is a trade-off between an ideal
compensation and the suppression of low frequency noise, which needs to be take into
consideration in the design of an optimal controller.
5.2.2 Control loop with MEMS accelerometer sensor
As shown in Fig. 5.24 the control unit can also be operated with an low cost lightweight
MEMS accelerometer sensor, which is directly integrated with the control actuator. For
the implementation of the feedback loop with the MEMS accelerometer sensor it was
necessary to include a ﬁrst order HP-ﬁlter (for DC-decoupling and low frequency feed-
back gain attenuation) and a ﬁrst order Low-pass ﬁlter (integrator) in the feedback loop.
The integrator circuit is also equipped with an operational voltage ampliﬁer which allows
to amplify/condition the measurement signal. Both components have been realised using
simple analogue circuit boards designed and produced at the ISVR electronic workshop.
68Further details on the hardware implementation of the HP-ﬁlter and integrator circuit are
given in Appendix C. It is demonstrated that the control actuator with integrated MEMS
actuator can be used to create a feedback loop with stability properties similar to those
for the feedback loop using the laboratory grade B&K accelerometer and charge ampli-
ﬁer. Apart from the LDS-PA25E power ampliﬁer the entire feedback loop consists of
low cost components which demonstrates the potential for mass production of low costs
multifunctional control units.
Figure5.30showsthesensor-actuatorOL-FRFofthecontrolunitwithMEMSaccelerom-
eter sensor when mounted at the tip of the cantilever beam. As with the B&K accelerom-
eter sensor the OL-FRF without compensation ﬁlter shows very poor feedback control
stability. In contrast to the B&K accelerometer, the MEMS sensor has a much lower
internal resonance frequency at about 5700 Hz. Above this resonance the phase of the
OL-FRF drops below -540◦ and creates conditionally stable circles in the left-half plane
of the Nyquist plot. However, although the sensor internal resonance occurs at a lower fre-
quency, the response magnitude of the OL-FRF in that frequency range is still much lower
than around the beam fundamental resonance frequency and hence, also for the feedback
loop with MEMS accelerometer, high frequency control spillover is only a secondary
issue compared to the low frequency stability limitations. In contrast to the OL-FRF mea-
surements with the B&K accelerometer, a more precise alignment of actuator and beam
axis was achieved so that no torsional response is picked up in the measurements with the
MEMS sensor.
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Figure 5.30: Bode and Nyquist plot of the measured OL-FRF on the beam using the MEMS sensor, without
compensator (dashed) with 50 Hz compensator (thick−red) and with 55 Hz compensator (faint−blue);
measurements with HP-ﬁlter and Integrator settings [1,1]; frequency range 10 Hz to 25.6 kHz.
69Considering the OL-FRF results for the compensated cases in Fig. 5.30 shows very sim-
ilar characteristics as those observed for the feedback loop with B&K sensor shown in
Fig. 5.25, apart from a scaling in magnitude. Note that all results shown in Figure 5.30
are those with a HP-ﬁlter and integrator circuit setting of [1,1] which corresponds to cut-
off frequencies of 1.25 Hz and 1.1 Hz respectively, which is similar to the B&K sensor
measurements with the charge ampliﬁer HP-ﬁlter set to 1 Hz.
Figure 5.31 shows the same OL-FRF as Figure 5.30 but for a more limited frequency
range from 10 Hz to 185 Hz, which allows to observe the low frequency behaviour more
clearly. In addition Figure 5.31 also shows the results for the OL-FRF with a HP-ﬁlter
and integrator circuit setting of [3,4] which corresponds to cut-off frequencies of 8.75 Hz
and a 10.2 Hz respectively. The results with HP-ﬁltering show the same characteristics
as those, observed for the measurements using the B&K accelerometer with the charge
ampliﬁer with 10 Hz HP-ﬁlter setting.
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Figure 5.31: Bode and Nyquist plot of the measured OL-FRF on the beam using the MEMS sensor, without
compensator (dashed) with 50 Hz compensator (thick − red) and with 55 Hz compensator (faint −
blue); measurements with HP-ﬁlter and Integrator settings [1,1] (solid), measurements with HP-ﬁlter and
Integrator settings [3,4] (dash − dotted); frequency range 10 Hz to 185 Hz.
Figure 5.32 shows the effect of shifting the integrator cut-off frequencies by changing
the circuit settings from 1 to 5, which corresponds to cut-off frequencies of 1.1, 2.1, 5.2,
10.2 and 15,1 respectively. The HP-ﬁlter was setting was to 3, corresponding to a cut-
off frequency of 8.75 Hz, for all measurements. The effect is in principle the same as
that observed for the implementation of an HP-ﬁlter; for increasing cut-off frequency the
ﬁrst two circles in the OL-FRF are rotated further anti-clock wise resulting in a higher
instability frequency and hence lower feedback loop stability.
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Figure 5.32: Bode and Nyquist plot of the measured OL-FRF on the beam using the MEMS sensor; with
the HP-ﬁlter cut-off frequency set to 8.75 Hz and the LP-integrator cut-off frequency set to 1 Hz (faint),
2.1 Hz (faint−dashed), 5.23 Hz (faint−dash−dotted), 10.2 Hz (as used in closed-loop measurements)
(thick − solid) and 15.1 Hz (faint − dotted); frequency range 10 Hz to 25.6 kHz.
Figures 5.33 and 5.34 show the results form closed-loop measurements on the beam us-
ing the feedback loop with MEMS accelerometer sensor, with HP-ﬁlter and integrator
settings [3,4], which corresponds to cut-off frequencies of 8.75 Hz and a 10.2 Hz respec-
tively. For the measurements with the MEMS accelerometer sensor it was not possible to
measure the closed-loop response without additional HP-ﬁltering because at low frequen-
cies measurement noise saturated the operation ampliﬁers on the circuit boards. While
the feedback loop was closed with the MEMS accelerometer sensor the response at the
tip of the beam was measured using the B&K accelerometer with reference to the primary
force exciting the beam close to the clamped end.
As in Figs. 5.27 and 5.28, the solid line in Figs. 5.33 and 5.34 show the response of the
beam alone, the dotted line that of the beam with an attached lumped mass, equivalent
to the weight of the actuator casing, and the thick-dashed line shows the response with
open-loop control actuator attached to the beam, which are essentially the same for both
experimental set-ups. However, in between the measurements with MEMS and B&K
accelerometer the control actuator had been detached from the beam in order to repeat the
measurements with different beam loading cases. The comparison of Fig. 5.35 and Fig.
5.29 shows that even minor changes in system introduced by mounting and demounting
the control actuator can lead to considerable differences in the estimated overall passive
reductionsduetotheopen-loopcontrolunit, whichinFig. 5.29are7.4dBandinFig. 5.35
areabout10dB.Thisshoeshowsensitivetheestimatedcontrolreductionsarewithrespect
to minor changes in the system dynamics, particularly for lightly damped structures.
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Figure 5.33: Control point velocity response on the beam per unit excitation for control loop with MEMS
sensor ; HP-ﬁlter and integrator settings (4,3); Beam without control unit (solid − black), beam with
lumped mass equivalent to the weight of the control unit base (dotted), beam with open-loop control unit
(thick − dashed − red), beam with closed-loop control unit with successively increasing feedback gain
(thin − blue); frequency range 10 Hz to 150 Hz.
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Figure 5.34: Control point velocity response on the beam per unit excitation for control loop with MEMS
sensor ; HP-ﬁlter and integrator settings (4,3); Beam without control unit (solid − black), beam with
lumped mass equivalent to the weight of the control unit base (dotted), beam with open-loop control unit
(thick − dashed − red), beam with closed-loop control unit with successively increasing feedback gain
(thin − blue); frequency range 10 Hz to 500 Hz.
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Figure 5.35: Changes in the control point velocity on the beam per unit excitation for the control loop with
MEMS sensor; HP-ﬁlter and integrator settings (4,3) in the frequency range from 0 Hz to 500 Hz.
72The overall changes in control point velocity response in Fig. 5.35 indicates that the feed-
back loop is stable beyond the point where ‘optimal’ reductions are achieved. Additional
7 dB reductions are achieved for a ampliﬁer gain setting of 6, which gives a total overall
reduction of the beam response due to passive and active control effects of about 17 dB.
Above a gain setting of 6 the ﬁrst resonance peak in the response spectrum, which cor-
responds to the altered actuator fundamental resonance, is ampliﬁed such that it starts to
dominate the overall response spectrum of the beam. In order to avoid to high feedback
signals non linear command limiter could be implemented in the feedback loop. Alter-
natively an optimal gain setting for the feedback loop may be achieved by using a self
tuning algorithm as proposed by Zilletti et al. [23].
73Chapter 6
Conclusions
This report presents the results from experimental and simulation studies on an electro-
dynamic proof-mass actuator for the purpose of velocity feedback control. The actuators
were taken from vibration headset and satisfy three important criteria for practical feed-
back control applications (a) low weight, (b) mechanically robustness and (c) inexpen-
sive commercially availability. It has been demonstrated that a single degree of freedom
electromechanical model can readily describe the control unit in terms of its open- and
closed-loop base impedance. The formulations presented allows for a straight-forward
physical interpretation of both stability and control performance. Results for the closed-
loop control unit without compensation, when mounted at the centre of a thin panel show
only poor stability characteristics. This is because (a) the actuator has very little inter-
nal damping, and (b) because the actuators fundamental resonance frequency is close
to the ﬁrst resonance frequency of the panel. It has been demonstrated that the control
stability and performance can be signiﬁcantly improved by implementing an appropriate
compensation ﬁlter. The design of the proposed compensator follows directly from the
expressions for the active part of the control unit base impedance. The compensation ﬁlter
fully compensates for the response peak in the actuator blocked force response and shifts
the apparent resonance of the control unit down towards a new design frequency. The
peak response at this design frequency can be effectively limited by implementing a high
damping ratio. The sensitivity/robustness of the compensation to manufacturing uncer-
tainties were investigated by varying the assumed nominal actuator suspension stiffness
and damping ratio while the compensation ﬁlter was ﬁxed with respect to the nominal pa-
74rameters. The results show that even for substantial variations in the actuator suspension
parameters, the compensation ﬁlter provides signiﬁcant improvement over the uncom-
pensated case. One draw back of the proposed compensator design is the enhancement of
the feedback signal for frequencies below the compensator design frequency. Depending
on the disturbance spectra, this may lead to force/stroke saturation of the control actua-
tor before the optimal control gain can be implemented. This problem may be overcome
by optimising the compensation ﬁlter design with respect to the chosen design frequency
and damping ratio. In practise it may also be necessary to apply additional HP-ﬁltering
of the feedback signal in order to attenuate low frequency measurement noise. Addi-
tional HP-ﬁltering was found to have a detrimental effect on the stability of the feedback
loop, which in practise results in a trade-off between the theoretical control stability and
the suppression of destabilising low frequency distortions. Experimental studies with
the control unit mounted at the centre of of a set of three different panels showed good
agreement with predicted open- and closed-loop control characteristics. Both the simu-
lations and experiments indicate that, with respect to expected variances in the actuator
parameters, the compensator should be designed considering the upper range of expected
actuator fundamental resonance frequencies and the lower range of expected actuator in-
ternal damping. Experiments on a cantilever beam demonstrate that with the proposed
compensation ﬁlter it is possible to design a multi functional control unit, which acts as
passive tuned vibration absorber and simultaneously provides velocity feedback control
actuation, a conﬁguration which would only be marginally stable if direct uncompensated
velocity feedback would be applied. Finally a control unit with integrated MEMS ac-
celerometer sensor and simple analogue controller circuits were used to demonstrate the
concept of a self contained small scale multi functional feedback control unit constructed
almost entirely from low-cost analogue components.
6.1 Suggestions for future work
• To date the analysis has been limited to the frequency domain, which allows us
to investigate the system stability and performance within its linear limits and un-
der steady state conditions. Future investigation should also include time domain
analysis of the system in order to investigate the response of the control unit when
75excited by transient disturbances and when operating close to stroke/force satura-
tion conditions.
• In the measurements on the beam set-up it was demonstrated that the feedback loop
remained stable beyond the feedback gain setting that provided ‘optimal’ control
performance (stable beyond the feedback gain setting above which the overall vi-
bration levels of the beam were dominated by control spillover). This set-up could
therefore be used to demonstrate the self tuning algorithm proposed by Zilletti et
al. [23].
• It may be interesting to investigate if control performance of the control unit is re-
tained in the case that the laboratory grade LDS-PA25E power ampliﬁer is replaced
with a compact low cost audio ampliﬁer. This seems feasible since the control ac-
tuator has an electrical resistance of 8 Ω, which is typical for audio applications. In
this way it could be demonstrated that a self contained control unit can indeed be
constructed solely from low-cost components and hence that this concept may be
feasible for mass production.
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79Appendix A
Supplementary experimental results
This appendix summarises supplementary experimental results for a complete documen-
tation of the experimental work.
A.1 Closed-loop FRF using the 55 Hz actuator
The results in Figs. A.1 to A.3 show the closed-loop response and overall reductions for
the case that the control unit with a 55 Hz actuator fundamental resonance and matched
55 Hz compensator is mounted at the centre of the 1.0 mm thick panel. The results are
very similar to those for the control unit with a 50 Hz actuator fundamental resonance and
matched 50 Hz compensator presented in Section 5.1.
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Figure A.1: Control point velocity response on the 1.0 mm plate for (a) loudspeaker excitation and (b)
shaker excitation, using an actuator with a resonance frequency of approx 55 Hz; plate without control unit
(solid − black), plate with open-loop control unit (thick − dashed − red), beam with closed-loop control
unit with successively increasing feedback gain (faint − blue); frequency range 10 Hz to 200 Hz.
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Figure A.2: Control point velocity response on the 1.0 mm plate for (a) loudspeaker excitation and (b)
shaker excitation, using an actuator with a resonance frequency of approx 55 Hz; plate without control unit
(solid − black), plate with open-loop control unit (thick − dashed − red), beam with closed-loop control
unit with successively increasing feedback gain (faint − blue); frequency range 10 Hz to 500 Hz.
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Figure A.3: Changes in the control point velocity on the 1.0 mm plate for loudspeaker excitation (circles)
and shaker excitation (squares) in the frequency range from 0 Hz to 500 Hz using the 55 Hz actuator and
compensator.
81A.2 Closed-loop FRF with additional monitor position
An additional set of closed-loop experiments on the 1.0 mm panel with the control unit
with a 55 Hz actuator fundamental resonance and matched 55 Hz compensator was con-
ducted using an additional monitor position, approximately half way between the control
position and the corner of the panel, as shown in Fig. A.4. Also, in contrast to the results
presented in Section A.1 above, for the measurements with loudspeaker excitation (not
for those with shaker excitation), the revision opening of the perspex box was closed and
sealed. Therefore, due to the stiffness of the air volume, the panel ﬁrst resonance fre-
quency is shifter form 62.5 Hz to about 78 Hz. Also, since the air volume is closed, the
panel responses for loudspeaker excitation on the left-hand side of Figure A.5 are more
clearly dominated by the non zero net-volume velocity modes than the results with open
the revision opening in FigureA.2.
Control sensor (centre of panel) Control sensor (centre of panel) Control sensor (centre of panel)
Monitor sensor (x=110 y=110 mm)
Box sealed
Figure A.4: Experimental set-up with additional monitor position on the 1.0 mm plate.
Comparison between the responses at the control point (top graphs) and the monitor point
positions (bottom graphs) in Fig. A.5 show that the control effect is not local to the
control position but is effecting the global response of the panel for all modes that do
not have a node at the control position, which are all (odd,odd) order structural modes
of the panel. However for example the response of the (2,1) mode of the panel is not
reduced by the control unit because the control unit is place at a nodal line of this mode.
Comparing the graphs in Fig. A.5 it can be seen that at the control position the (2,1) mode
is not well observed neither for the loudspeaker nor for the shaker excitation. For the
monitor position the response of the (2,1) mode is clearly observed in the response to the
82shaker excitation but not in the response to the loudspeaker excitation. This is because
the shaker, which is located close to the corner of the panel efﬁciently excites all low
order structural modes of the panel, while the loudspeaker only efﬁciently excites non
zero volume displacement modes of the panel.
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Figure A.5: Panel velocity response of the 1.0 mm panel with 55 Hz control actuator measured at the
controlposition(top)andmonitorposition(bottom), forloudspeakerexcitation(left)andshakerexcitation
(right), without control unit (solid), with open-loop control unit (thick −dashed−red) and with closed-
loop control unit(faint − blue).
Figure A.6 shows the change in the panel response measured at the control and monitor
position averaged over the frequency range between 0 Hz and 500 Hz. The results show
that for loudspeaker excitation almost 15 dB reductions can be achieved at the control
point and almost 12 dB at the monitor position. For the shaker excitation up to 10.5 dB
reductions are achieved at the control point and 5.5 at the monitor position. It can there-
fore concluded that (a) higher overall reductions are achieved for loudspeaker excitation
than for shaker excitation and (b) the higher reductions are achieved at the control position
than on an arbitrary monitor position on the panel. The observation that higher overall
reductions are achieved when the panel is excited by an acoustic ﬁeld can be explained
by the fact only non zero net volume displacement modes are efﬁciently excited by the
83loudspeaker, these modes are all well observable at the control point at the centre of the
panel and hence these modes are all efﬁciently controlled by the active damping effects
produced by the control unit. For the shaker excitation both non zero net volume displace-
ment modes and zero net volume displacement modes are well excited and contribute to
the overall response level of the panel. Since zero net volumetric modes are neither ob-
servable nor controllable at the control position the reductions in the overall response of
the panel are considerably lower than for the shaker excitation. The fact that the reduction
at the control position are higher than at a arbitrary monitor position on the panel is due
to the fact that at the monitor position the response of controlled and uncontrolled modes
is observed. This is particular the case for the shaker excitation where all low order struc-
tural modes are excited. In the speciﬁc case here, the spectrum of the panel response for
shaker excitation measured at the monitor position is dominated by the (2,1) mode, which
limits the overall reductions that can be achieved at that point. It is assumed that the over-
all reductions, averaged over the entire panel surface would fall somewhere in-between
those for the control and monitor position reported here.
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Figure A.6: Changes in the panel velocity response of the 1.0 mm panel for (a) the loudspeaker excitation
and (b) the shaker excitation; measured at the control point (square) and the monitor position (circles).
84Appendix B
Actuator responses
This appendix summarises the results from experimental studies on the blocked force re-
sponses of the control actuators considered in this study and also the results for alternative
vibration actuators that were investigated in the initial phase of the study.
B.1 Trust GSE Actuators
The proof-mass electrodynamic actuator which were considered in this were taken from
a set of TRUST International B.V. ‘HS-3100 Bass Vibration Headphone’s [18] (actua-
tors 2a to 5b) and an eDimensional. Inc. ‘AudioFXTM Force Feedback Gaming Head-
set’(actuators 1a and 1b) [19]. Although the actuators form the two types of head sets bear
different manufacturer markings, they seem to be nominally identical and the measured
response characteristic of the actuators were found to be very similar. Unfortunately to
date both types of headphones have been discontinued so that it has not been possible to
acquire larger quantities. Figure B.1 shows the measured blocked force response for al 10
actuators where the response per unit voltage has been normalised to the voice coil resis-
tance which range between 7.9 Ω and 8.8 Ω, a list with estimated actuator speciﬁcations
is given in Table B.1 below. The response of all control units fall within relatively narrow
speciﬁcation limits.
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Figure B.1: Measured blocked force FRF of the GSE/GS-actuators, with reference to input current (blue)
and input voltage (red); for actuators 1a to 5b. Note that the results with reference to input voltage have
been normalised with respect to the actuator voice coil resistances.
Table B.1: Parameters and variations across the set of 10 nominal equal actuators.
Parameter Actuator Units
1a 1b 2a 2b 3a 3b 4a 4b 5a 5b mean
m1 5.7 gram
m2 12 gram
ks 1433 Nm 1
!a=(2) 55 50 50 45 49 51 52 51 57 55 51.5 ± 15% Hz
cs 0.33 Nsm 1
 0.04 0.05
Re 8.1 8.2 8.0 8.1 7.9 8.1 8.1 8.2 8.2 8.3 8.1 ± 3% Ω
Le 0.1 0.1 mH
Ψ 0.53 0.72 0.72 0.65 0.54 0.58 0.51 0.60 0.53 0.59 0.60 ± 20% N A 1
Table B.2: Current status of the actuator units.
Actuator code Orgin Marking Status
1a AudioFX GSE OK (repaired)
1b AudioFX GSE broken
2a Trust HS-3100 GS OK (repaired)
2b Trust HS-3100 GS OK
3a Trust HS-3100 GS OK
3b Trust HS-3100 GS broken
4a Trust HS-3100 GS OK (repaired)
4b Trust HS-3100 GS OK (MEMS)
5a Trust HS-3100 GS OK
5b Trust HS-3100 GS OK
86B.2 SFX Actuators
Figure B.2 shows the experimental set-up for the blocked force measurements on a set of
two SFX R ⃝ TECHNOLOGIES GA10 vibration actuators. Figure B.3 shows the measured
blocked force FRFs where the results per unit voltage are normalised to the actuators
electrical resistances which are 7 Ω and 7.1 Ω.
Figure B.2: Pictures of the SFX-actuator set-up for blocked force measurements.
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Figure B.3: Measured blocked force FRF of the SFX-actuators, with reference to input current (blue) and
input voltage (red); actuator 1 (solid), and 2 (dashed). Note that the results with reference to input voltage
have been normalised with respect to the actuator voice coil resistances.
87B.3 Membrane-spring Actuators
Figure B.4 shows the experimental set-up for the block force measurements on a set of
two vibration actuators taken from a NO-Name vibration head set. In contrast to other
vibration actuators these units do not have a metallic spider spring, instead the actua-
tor proof-mass is suspended of an corrugated plastic membrane. Figure B.5 shows the
measured blocked force FRFs where the results per unit voltage are normalised to the
actuators electrical resistances which are 10.9 Ω and 10.5 Ω.
Figure B.4: Pictures of the membrane-actuator set-up for blocked force measurements.
Pictures of the membrane-actuator for blocked force measurements.
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Figure B.5: Measured blocked force FRF of the membrane-actuators, with reference to input current (blue)
and input voltage (red); actuator 1 (solid), and 2 (dashed). Note that the results with reference to input
voltage have been normalised with respect to the actuator voice coil resistances.
88B.4 SAITEK JK Actuators
Figure B.6 shows the experimental set-up for block force measurements on set of two
vibration actuators taken from SATEK-GH20 vibrating headset and Fig. B.7 shows the
measured blocked force FRFs where the results per unit voltage are normalised to the
actuators electrical resistances which are 7.9 Ω and 8.0 Ω.
Figure B.6: Pictures of the SAITEK-JK-actuator set-up for blocked force measurements.
10
1
10
2
10
3
10
4
10
−2
10
0
Frequency [Hz]
|
F
b
l
o
c
k
e
d
|
 
[
N
/
A
]
 
[
N
Ω
/
V
]
10
1
10
2
10
3
10
4
−270
−180
 −90
   0
  90
 180
 270
Frequency [Hz]
∠
(
F
b
l
o
c
k
e
d
)
 
[
D
E
G
]
Figure B.7: Measured blocked force FRF of the SAITEK-JK-actuators, with reference to input current
(blue) and input voltage (red); actuator 1 (solid), and 2 (dashed). Note that the results with reference to
input voltage have been normalised with respect to the actuator voice coil resistances.
Note that the measured blocked force responses in Figure B.7 show a double peak. In
order to investigate the response of the SAITEK-JK-actuators in more detail the case
of one of the actuators was opened and the response measurement repeated. As shown
in Fig. B.8 a set of three different masses (0.85 gram, 2.15 gram and 6.4 gram) were
89attached to the centre of the actuator proof mass to investigate the effects on the actuator
blocked force response. Figure B.9 shows that as the actuator proof mass is increased (a)
the fundamental natural frequency shifts towards lower frequencies,(b) that the second
resonance frequency is shifting towards lower frequencies as well but not as much as the
fundamental resonance and (c) that as the a weight of 6.4 gram is added to the actuator
proof mass, the second resonance peak seems to disappear. It is assumed that the second
resonance peak is due to a rocking motion of the proof mass which disappears when the
response is dominated by the proof mass lateral motion. However, no further studies on
the responses of this actuator type was conducted.
(a) (b) (c) (d)
Figure B.8: Pictures of one of the SAITEK-JK actuators with open casing set-up for blocked force mea-
surements; (a) no additional mass, (b) 0.85 gram of additional mass, (c) 2.15 gram of additional mass, (d),
6.4 gram of additional mass.
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Figure B.9: Measured blocked force FRF of the open case SAITEK-JK-actuators additional masses, with
reference to input voltage, with closed actuator casing (thick − solid − red), with open actuator casing
(blue); no additional mass (solid), 0.85 gram additional mass (dashed), 2.15 gram of additional mass
(dash − dotted) and 6.4 grm of additional mass (dotted). Note that the results have been normalised with
respect to the actuator voice coil resistances.
90B.5 K¨ onig RoHS Actuators
Figure B.10 shows the picture of a vibration actuator taken from a K¨ onig Computer CMP-
HEADSET12 Bass Vibration Headset. The tactile actuator units are labelled ‘RoHS’.
Figure B.11 shows the measured blocked force FRFs where the results per unit voltage
are normalised to the actuators electrical resistances which are are 8.7 Ω and 8.9 Ω.
Figure B.10: Pictures of the K¨ onig-RoHS-actuator.
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Figure B.11: Measured blocked force FRF of the K¨ onig-RoHS-actuators, with reference to input current
(blue) and input voltage (red); actuator 1 (solid), and 2 (dashed). Note that the results with reference to
input voltage have been normalised with respect to the actuator voice coil resistances.
91Appendix C
Control loop circuit boards
This appendix brieﬂy summarise the details of the compensation ﬁlters and the additional
control circuit components needed for the feedback control loop with MEMS accelerom-
eter sensor. All circuits were designed in the ISVR electronic workshop.
92C.1 50 Hz compensation ﬁlter FRFs
+ve Supply
Earth
-ve Supply
U1 & U5 Section 1
Section 2
U2 & U3
Figure C.1: Picture of the 50 Hz compensator circuit board.
Figure C.2: Drawing of the 50 Hz compensator electric circuit.
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Figure C.3: Bode plot of the compensator circuit with 50 Hz design frequency; Simulated target FRF
(dashed) measured FRF (solid).
93C.2 55 Hz compensation ﬁlter FRFs
Figure C.4: Drawing of the 55 Hz compensator circuit board.
Figure C.5: Drawing of the 55 Hz compensator electric circuit.
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Figure C.6: Bode plot of the compensator circuit with 55 Hz design frequency; Simulated target FRF
(dashed) measured FRF (solid).
94C.3 HP-ﬁlter circuit for MEMS sensor
This are the details of the HP-ﬁlter circuit used with the MEMS sensor. Note that the
MEMS accelerometer has a ’built in 33 kΩ’ resistor. For interchangeability of the circuit
boards (and to provide a high output impedance) the HP-ﬁlter circuit has a 33 kΩ resistor
at its output. In the practical set-up the HP-ﬁlter circuit is used in-between the output of
the MEMS accelerometer and the input to the integrator circuit.
Figure C.7: Picture of the HP-ﬁlter circuit board.
Figure C.8: Drawing of the HP-ﬁlter electric circuit.
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Figure C.9: Frequency response function of the HP-ﬁlter settings one to ﬁve, bypass (solid), setting 1
(dotted), setting 2 (dash − dotted), setting 3 (dashed) and setting 4 (faint).
Table C.1: High-pass ﬁlter settings.
Setting Set-up Function / HP-cut-off frequency [Hz]
measured nominal
Bypass Bypass
– –
1 1.25 1
2 2.65 2.5
3 8.75 8
4 33.83 30
96C.4 Integrator circuit for MEMS sensor
This are the details of the Integrator circuit used with the MEMS sensor. Note that that
the MEMS accelerometer has a ’built in 33 kΩ’ resistor, which is the output impedance
expected at the input of the integrator (see HP-ﬁlter circuit above). For the measure-
ment of the integrator-circuit transfer FRF in isolation it is therefore necessary to use
an additional 33 kΩ resistor in series with the input of the circuit board. In addition
to the integrator characteristics the integrator circuit has a ten step adjustable opera-
tional voltage ampliﬁer, where the resulting ampliﬁcation in dB can be calculated from
20 × log10(Amplifiersetting). In the feedback loop the integrator is place in-between
the output of the HP-ﬁlter circuit and the input of the compensator circuit.
Figure C.10: Picture of the integrator circuit board.
Figure C.11: Drawing of the integrator electric circuit.
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Figure C.12: Frequency response function of the Integrator settings one to four, setting 1 (solid), setting 2
(dotted), setting 3 (dash − dotted), setting 4 (dashed) and setting 5 (faint).
Table C.2: Integrator settings.
Setting Set-up Function / LP-cut-off frequency [Hz]
measured (directly) nominal (incl. 33 kΩ MEMS resistance)
Bypass Bypass
– –
1 1.09 1
2 2.10 2
3 5.23 5
4 10.2 10
5 15.1 15
98